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Refrigeration sector is responsible of the 7.8 % of the worldwide greenhouse gases emissions pushing participants
to COP 28 to commit a reduction close to 70 % by 2050 of the 2022 CO; emissions level. To this aim, the
adoption of the CO5 as working fluid is particularly suitable. In refrigeration compression system, to the valve
throttling is associated the most severe cycle irreversibility wasting up to the 20 % of compressor input work. To
overcome this issue, the replacement of these devices with volumetric expanders is one of the most effective
solutions. Despite the huge interest about this topic, a knowledge gap is observed on impact the expander would
produce on the refrigeration plant. In fact, the valve replacement with an expander must keep the same cooling
performances as well as the same thermodynamic properties on most relevant variables the refrigeration unit had
before the substitution. To reach this result, the availability of detailed model of the refrigeration unit is needed,
able to represent the whole complexity of the processes occurring (propagative, inertial and volumetric prop-
erties). To fill this gap, in the present paper a novel comprehensive model of the unit was developed and
experimentally validated against experimental data collected on a fully instrumented test bench in which an
industrial refrigeration unit (18 kW as refrigeration power) was operated. Once the model resulted validated, it
was used to predict the plant behaviour if the throttling valve was replaced by a Sliding Rotary Vane Expander
(SVRE). Concerning the expander design, a further innovation was considered referring to a dual intake port
technology DIP. To assess the introduced benefits, an expander model validated in previous works developed by
the authors was used. Adapting this model for the application at hand and integrating it with the plant whole
model, it was found that an improve up to 20 % the whole efficiency with respect to the baseline case was
achieved for the maximum considered external temperature (31 °C-33 °C).

plant configurations ensuring to optimize the refrigeration units, thus
reducing the related emissions of this sector, [7].

In this context, CO, refrigeration units appear as a promising solu-
tion to achieve carbon neutrality objectives [8] considering the natu-

1. Introduction

Refrigeration sector is responsible of the 7.8 % of the worldwide
greenhouse gases emissions [1], representing up to 10 % of the whole
energy consumption, [2] which is predicted to grow almost tenfold by
2050, [3]. Hence, considering that COP 28 sets the objective of the
achievement carbon neutrality by 2050, a transition towards low carbon
emissions is needed, [4]. Particularly critical from the energy demand
point of view is the refrigeration of supermarkets which severely affects
the annual energy demand which reaches peaks of 3-4 % of the year
electricity usage in development countries, [5]. Moreover, energy de-
mand for refrigeration is predicted to increase tenfold by 2050, [6].

For this reason, it is fundamental to the develop the technologies and
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rality of the working fluid. Moreover, the adoption of this fluid ensures a
low Global Warming Potential (GWP) which is compliant to the Mon-
treal protocol and Kigali Amendment which introduced restrictions in
the usage of high-GWP fluids, [9]. Conventional working fluids present,
indeed, high GWP and Ozone Depletion Potential (ODP), [10]. Hence,
CO, thanks to its advantages in terms of ODP and GWP, non-toxicity,
high volumetric cooling capacity and non-flammability, is a real
candidate to replace the conventional refrigerants, [11].

These reasons explain the wide interest and the significant growth of
the installation of trans-critical COy refrigeration units in these last
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Nomenclature

Symbols

A cross sectional area [m?]

A is the heat transfer area [m?]

Cp specific thermal capacity of metallic masses [kJ/KgK]
Cq is the discharge coefficient

Ce Fanning friction factor

D pipe diameter [mm)]

dx length of mass element in the flow direction [m]

dp pressure differential across x [m]

e total specific internal energy [J/kg]

H Total specific enthalpy [J/kg]

hi, Expander inlet specific enthalpy [J/kg]

houtis Expander outlet specific enthalpy in case of isentropic

expansion [J/kg]

i index of chamber

K, the pressure loss coefficient

m mass [kg/s]

m Mass flow rate entering exiting boundary volume [kg/s]
Mcoz CO, mass flow rate downstream HPV (total) [kg/s]
Miiq mass flow rate of liquid phase to evaporators [kg/s]
Myap mass flow rate of vapor phase to Flash gas valve [kg/s]
N population of experimental values

Ny number of chambers

Pad is Adiabatic isentropic power [W]

p fluid pressure [Pa]

Pitotal  is the total pressure upstream the valve [Pa], [bar]
P2static  the static pressure downstream the valve [Pa], [bar]
Pind Indicated power [W]

pi chamber pressure of the i-chamber [Pa]

Pech Mechanical power [W]

Piechloss Mechanical power lost due to friction [W]
Pih,compr Compressor power consumption [KW]

Pi,evaps Cooling load at evaporators [kW]

Q1 thermal power provided by the fluid 1 to the metallic
masses [kW]

Q2 thermal power provided by the metallic masses to the fluid

2 [kW]
q vapor quality
Thuid the temperature of the fluid [K]
Twall the temperature of the metallic masses [K]
t the time independent variable [s]
teycle time cycle [s]
A% volume of the metallic masses [m°]
Vi volume of the i-chamber [m?]
u velocity at the boundary [m/s]
Vint expander volume at intake end [m®]
X predicted quantity
Xi measured quantity
Acronyms
COP Coefficient of Performance
EPV electric valve
DIP Dual Intake Port

FGV Flash Gas valve
HPV High pressure valve

MD Maximum absolute Absolute Error

MD, Maximum relative absolute Absolute Error
PS Phase separator tank

RMSE Root Mean Square Error

RMSE, Relative Root Mean Square Error
SIP Single Intake Port
SVRE Sliding Rotary Vane Expander

Greek letters

a heat transfer coefficient [W/m?K]

AT is the effective temperature difference between the fluid
and the metallic masses [K]

Nfluid fluid dynamic efficiency

Nglob global efficiency

Nmech mechanical efficiency

Nvol volumetric efficiency

p density of the metallic masses [kg/m?]

Pint Density of CO,, at expander intake end [kg/m>]

Dexp expander speed [RPM]

years, [12]. Nevertheless, in single and two stage trans-critical COy
refrigeration units the large difference between the inlet and outlet
pressure of high pressure expansion valve (HPV) leads to significant
throttling losses leading to low Coefficient of Performance, [13]. This
involves that significant effort was performed in the recent year to
improve the CO, refrigeration cycle performance, [14].

The most part of cycle irreversibility is due to throttling valve
wasting up to 20 % of the compressor input work, [15]. Hence, among
the possible improvements in plant layout and architecture to be effi-
cient and reducing energy consumption and relative CO3 emissions [16],
the replacement of throttling valve with ejectors or expanders is one of
the most interesting and attractive solutions, [6]. The introduction of
ejectors ensures to recover expansion work [17] and increase the
compressor suction pressure, [18] increasing cycle performance, [19].
The use of an expander ensures to achieve a direct energy recovery
guaranteeing a higher cooling capacity with respect to the ejector case,
[15]. Indeed, when an ejector was used, the pressure reduction of
working fluid leads to an increase of flow velocity due to the conser-
vation of the energy. This produces a higher compressor suction pressure
thus reducing the compressor power. The introduction of the expander
produces a direct recovery converting the thermodynamic energy in
shaft power. Hence, due to the more isentropic nature of the expansion
process in the expander a larger cooling capacity can be achieved.

In recent year, many study focuses on the expander introduction in

compression refrigeration plant. In [20] a three stage piston expander
working at near isothermal condition was considered. In [21] a radial
piston expander derived from a hydraulic motor was developed finding a
potential COP improvement of 7.4 %. Screw expander was also
considered in CO; refrigeration system. In [22] a CFD study was con-
ducted to evaluate the effect of the injection of oil to seal, lubricate and
cool the high pressure gas observing a reduction of 20 % on radial loads.
In [22] it was seen that adopting a screw expander at a speed of 3000
RPM, a volumetric efficiency and output power respectively equal to
88.5 % and 3.37 kW can be achieved. Also Scroll expander are
considered.

The operation of the expander, unfortunately, severely affects the
operating conditions of the refrigerating unit because, if not properly
controlled, it modifies the thermodynamics and fluid dynamics of the
unit, changing the pressure levels of the evaporators and other main
relevant quantities. Its operation, moreover, is challenging considering
that the expansion usually produces a two-phases flow, the operation
pressure range is unconventional and modified by the flow rate, [20]. All
these aspects are the reasons for the strong deviation of the real per-
formances from the predicted ones. New technological solutions are
expected from the huge effort observed in literature about the devel-
opment of two-phase expander, [8]. Apart from the mechanical design
of the component which still deserve attention (high pressure operating
conditions, mechanical stresses of the blades, wear at tip blades, surface
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mechanical damages at the mechanical contacts between moving com-
ponents, etc...), an eventual reduction of the influence between the
upstream—downstream pressure difference and flow rate would be
particularly suitable as well as an easy control variable of these two
quantities.

In literature, both dynamic and volumetric expander devices were
considered. Radial and axial dynamic machines are rarely adopted in
small scale applications (0.2 kW-20 kW) due to the rotational speed,
sealing and vibration, [20]. Hence, volumetric machines seem to be the
best candidates for these applications.

Indeed, in recent year, many study focuses on the expander intro-
duction in compression refrigeration plant. Piston expander presents a
higher intake volume which represents an advantage with respect to
other volumetric devices, anyway, leakages and machine complexity
lead to an efficiency lower than 50 %, [21]. In [22] a three-stage piston
expander working at near isothermal condition was considered. In [23]
a radial piston expander derived from a hydraulic motor was developed
finding a potential COP improvement of 7.4 %. Screw expander was also
considered in CO4 refrigeration system. In [24] it was seen that adopting
a screw expander at a speed of 3000 RPM, a volumetric efficiency and
output power respectively equal to 88.5 % and 3.37 kW can be achieved.
In [25] a CFD study was conducted to evaluate the effect of the injection
of oil to seal, lubricate and cool the high pressure gas observing a
reduction of 20 % on radial loads. Scroll expander is a feasible solution
even if it is usually realized from a reversed compressor, [26], without a
specific design attention. In [27] a scroll expander with an inlet volume
of 2.8 cm® was built obtaining that the best pressure ratio was equal to
1.95 while the best performance (83 % of isentropic efficiency) is ach-
ieved for a speed between 2200 RPM and 3400 RPM. In [28] it was seen
that larger orbiting radii and shaft bearing allow to improve isentropic
efficiency.

Among all the technological alternatives, Sliding Vane Rotary Ex-
panders (SVRE) appear as a very attractive solution due to high reli-
ability, compactness, ease of manufacture and low cost, [29], despite
they present greater mechanical and volumetric losses with respect to
other volumetric devices.

In [30] it was seen as friction losses have a major impact on the
whole performance than volumetric losses in two phase and supercrit-
ical region. The adoption of springs inside the rotor slots allows the
increase the centrifugal force which pushes the blade outside it,
improving isentropic and volumetric efficiency respectively by 30 % and
60 %, [31]. Further improvement to boost the expander efficiency are
the adoption of greater eccentricity and a blade inclination, [32].
Similar positive results are presented in [33] where an increase of the
volumetric and isentropic efficiencies is close to 30 % and 23 %
respectively. To reduce the clearance gap between stator inner surface
and blades tip, in [34] high pressure working fluid is recirculated under
the blades to increase the pushing action on the blades. In this way, a
COP increase up to 27 % replacing the throttling valve. In [35], the COP
increase was in the order of 22 % mainly depending on the condensation
temperature and subcooling degree at expander inlet. The introduction
of a volumetric expander to replace throttling valve is economically
feasible as demonstrated in [36], observing a payback period less than 5
years for a machine with a global efficiency up to 50 %.

Despite the high interest in literature, some issues and challenges
remain open, [37], together those already mentioned. Particularly
important is the aspect related to the operation in off design conditions
[37] and how the expander modifies the refrigerating performances of
the unit, i.e., definitively the paying factor (cold thermal power). As
already mentioned, this calls for the development of design techniques
ensuring to control the expander impact on the whole plant behavior.
This could open the way to a huge retrofitting activity of the existing
units already in operation. What is more, expanders conceived for these
applications present too low volumetric efficiency in the order of 35 %—
40 % which severely affects the whole performance, [34]. An
improvement in this sense leads to a higher energy recovery and
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consequently to larger benefits in terms of COP.

Therefore, to contribute to fill these knowledge gaps, a comprehen-
sive and physical model of the refrigeration unit was developed. The
novel aspect of the model is that it is not only a thermodynamic type (as
it is usual in the sector) but able to represent the real layout of the unit
with its capacitive, inertial and propagative properties. This represents a
novelty as the sector is rich of thermodynamic model of CO; trans-crit-
ical refrigeration unit model but to the authors best knowledge propa-
gative and capacitive model are absent. In [38] a numerical dynamic
model of a CO2 refrigeration system was presented but oriented to the
analysis of multiple configurations not considering the integration with
expander model. In [39] a detailed theoretical model was developed but
focusing on steady state analysis and not considering the expander
installation. A one-dimensional thermodynamic model was developed in
[40] but focusing on the introduction of the ejector instead of the
expander.

A peculiarity of the proposed model is that the piping layout and
volumes (reservoir and those of the fluid passages in the heat exchanger)
are considered to ensure a more accurate prediction of dynamic and off
design performance. Moreover, the accuracy and the capability of the
model are assessed thanks to a deep experimental validation carried out
against data collected on a commercial CO, trans-critical unit of a rated
cooling power of 18 kW, produced by the EPTA Refrigeration Group
fully instrumented to assess its behavior in [41]. Thanks to the model,
the effect of the replacement of HPV with a Sliding Rotary Vane
Expander (SVRE) can be predicted and taken into account in the
expander design.

Indeed, the design of the expander involved has been also done
defining its intake volume which represents the starting and the most
important point. Using a refined physically consistent model of it
developed by the authors in previous works [42,43] the other design
aspects were designed, reaching a geometrical representation of the
expander. Considering the high reproducibility produced by the model
when compared with experimental data, [43], it has been integrated
into the model of the refrigeration unit. The effects it produces on the
operating conditions of the refrigeration unit have been predicted with a
high level of confidence, considering that the two parts (refrigerating
unit and expander) were successfully compared with experimental data.
A comparison between the originally equipped unit (with a HPV) and
that modified by the presence of the expander has been discussed. Main
conclusion it that the expander can be seen as a revolving valve,
affecting the permeability of the unit, defined as the ratio between the
plant maximum pressure and working fluid mass flow rate circulating in
the unit. Its speed of rotation modifies the “rotating valve behavior from
a thermodynamic point of view”. So, the expander speed of rotation
resulted a very effective variable to restore the original thermodynamic
performances of the refrigeration unit.

To increase the power recovered by the expander (instead of wasting
energy inside a HPV), a new concept of it has been considered developed
by the authors in previous works, [42,43]. The so-called Dual Intake Port
(DIP) technology is considered consisting in an additional intake port
opening after the closure of the main one. In previous works, [42,43],
the authors experimentally and theoretically demonstrated that this
solution has a twofold benefit when applied in Organic Rankine Cycle-
based unit: (1) an increase in the permeability of the plant for the
same mass flow rate crossing the expander, i.e. the reduction of its intake
pressure, (2) the increase of the flow rate crossing the expander when
the pressure difference remains constant, i.e., the increase of the power
produced. Hence, considering the suitability of this technology for
SVRE, authors demonstrated that, through the integration of an
expander based on a DIP technology on a refrigerating unit, a significant
COP increase was obtained. This is particularly suitable considering that
the refrigerating unit used CO5 as operating fluid, usually characterized
by COP values lower than the units operating with more conventional
fluids, mainly at high environmental temperatures.
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2. Material and methods
2.1. Trans-critical CO;, refrigeration unit and experimental test bench

The reference CO, trans-critical refrigeration unit considered in this
work was reported in Fig. 1 whereas its layout was shown in Fig. 2. The
unit corresponds to a commercial device produced by EPTA refrigera-
tion Group which has been extensively monitored to have a complete
experimental characterization of the thermal and fluid dynamical
properties.

As Fig. 2 shows, (a) and (b) are two equivalent evaporators operating
in parallel having split the mass flow rate, the maximum extracted
thermal power (cooling load) is of 18 kWt. Evaporators are two plate
heat exchangers SWEP — B9Hx32/1P. In the experimental facility, the
cold source is represented by a mixture of water and glycol to simulate
the real one represented by the air of the environment that must be
cooled.

The working fluid circulating inside the plant (CO3) is compressed
through a BITZER 4JTC - 15 K piston alternative compressor (c) of a
rated power of 17 kW, [44]. The unit adopts also a back-up equivalent
piston operating in parallel. In Table 1 the main features of compressors
are reported.

The thermal power is released to the hot source (represented by the
external air) through a LUVE EAV5N 5311 gas cooler (d) whose main
properties are reported in Table 2. Leaving gas cooler, the working fluid
then enters a Danfoss ICMTS 20° High Pressure Valve (HPV) where a
lamination isenthalpic transformation happens involving the fluids
decreasing from a maximum pressure (75 bar) up to the intermediate
pressure level (35 bar).

The refrigeration fluid is gathered in a Phase Separator (PS) tank of
110 L (f) thus separating the vapor and liquid phase. The liquid phase
enters a Carel EEV valve (g) and flows towards evaporators where
evaporating pressure is in the order of 26-28. The vapor phase is instead

TN B b - §

4
&Y
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provided to a Flash Gas Valve EPV valve Carel E3V45 (h) allowing that
working fluid expands up to the pressure of the working fluid at the
evaporator outlet (26 bar). The two streams are rejoined in a collector
where the vapor was aspirated by compressor.

The experimental test bench ensures to measure the following
quantities:

a) CO; inlet and outlet temperature at the dry cooler;

b) Water temperature at evaporators inlet;

c) Water temperature at evaporators outlet;

d) Water flow rate;

e) Total CO, flow rate;

f) CO, flow rate, temperatures and pressures at the evaporators;
g) CO. pressure and temperature at compressor inlet and outlet.

Concerning a-d quantities, they are handled through a proprietary
acquisition system built on the platform DAQ Agilent 34901A. The
remaining quantities are instead measured via the platform Boss/Carel
present on the unit. The control system pRack300T allows to modify the
opening rate of valves and compressor operating conditions.

Measurement uncertainties are assessed according to the approach
reported in Eq. (1):

@

where:Y is the absolute uncertainty of the y quantity depending on i-
quantityxi whose absolute efficiency is XiN is the number of quantities
on which Y depends.

It is worth mentioning that in Fig. 2(b) the trans-critical CO2 unit
with expander was reported, the difference with respect to the baseline
case is that SVRE is introduced instead of HPV valve (e).

)

ontrol system |
> M

Fig. 1. Trans-critical CO refrigeration unit.
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Fig. 2. Baseline transcritical CO, refrigeration unit (a) and plant layout with expander replacing the HPV valve (b).
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Table 1
Compressor specs.
Displaced volume 105 cm3
Maximum operating pressure 160 bar
Maximum power absorbed 17.7 kW
Oil charge 26L
Oil type BSE85K
Table 2
Gas Cooler specs.
Power size 29,3-32.9 kW
Flow rate 6400-7600 m3/h
Electric power absorption 400-600 W
Volume 10 Liters
External surface 56.5 m?
Internal surface 7.4 m?

2.2. Theoretical model

The plant theoretical model was developed in GT-Suite environment
adopting an integrated zero and mono dimensional 0D-1D thermo-fluid-
dynamic analysis approach. In this way, piping and heat exchangers
express the three fluid dynamics properties (capacitive, inertial and
propagative), reservoirs only one (capacitive). The reciprocating
compressor is modelled through a characteristic map based on the
experimental values collected and those provided by manufacturer,
[38].

In Fig. 3 the model of the unit is reported.

The 1-D thermo-fluid-dynamic approach requires the discretization
of the pipes of the system in multiple sub-elements for each of them the

Boundary conditions
(i) water inlet temperaturc and mass flow ratc
(1) water outlet pressure
(m) compressor revolution speed
(n) air inlet temperature and mass flow rate
(o) air outlet pressure

Energy Conversion and Management 342 (2025) 120098

Navier Stokes equation system expressing the mass, momentum and
energy conservation (equations (2.1), 2.2 and 2.3) are solved through an
implicit method.

d .
(Tn; _ it @1
boundaries
d(pHV . dj
(pdt ) _ Z (mH) + Vdilt)i aAs(Tfuia — Twan) (2.2)
boundaries
dm dpA + Zbowldan’es(mu) - 4Cf’% - KP (ﬂuTM >A
- = (2.3)

dt dx

where:m is the mass flow rate entering (+) and exiting (—1) the
boundary volume, m is mass of the volume, V is the fluid volume, P is
fluid pressure, p is the fluid density, A is the cross-sectional flow area, Ag
is the heat transfer surface area, e is total specific internal energy (in-
ternal energy plus kinetic energy per unit mass), H is the total specific
enthalpy, o is the heat transfer coefficient, Tgyq is the fluid temperature,
Twan is the wall temperatureu is the velocity at the boundary, Cs is the
Fanning friction factor, K, is the pressure loss coefficient (commonly due
to bend, taper or restriction), D is the equivalent diameter, dx length of
mass element in the flow direction (discretization length), dp pressure
differential acting across dx.

Concerning the transient analyses, it can be done as well as predicted
the behavior at off design. Hence, the real piping layout has been
reproduced as it is in reality (according to Fig. 3), thus assessing the
distributed and located pressure losses with a high accuracy. Concerning
evaporators (a and b) and gas cooler (d) they are modelled according to
a set of flow volume and thermal masses as can be seen in Fig. 4. Such

gas (o)

cooler  ~ air (q)

(c)
(p) expander speed Co, Q Q -
f— m
(n)
Piston
High pressure compressor
(p) valve (11PV
© L
(h)
hasc
sel;)amtor g & C) suction
‘ f T] ash g(;“ manifold
Replacement of HPV ® valve (FGV)
with a SVRE
Electric HEX 1
valve (EEV) (e)
@) ()
Components o
(a) Heat exchangers 1 — water

(b) Heat exchangers 2
(¢) Compressor
(d) Gas coolcr
(e) High Pressure Valve (HPV)
(f) Phasc scparator tank
(g) Electric Valve (EEV)
(h) Flash gas Valve (FGV)

U] [—

(1)

walcr

Fig. 3. Theoretical model of the refrigeration unit.
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Flow |

HEX
Metallic
Masses

Flow 2

Fig. 4. 1-D Analysis for heat exchangers.

components are treated by adopting the Master/Slave approach. Master
section represents the heat transfer between the heat exchanger wall and
the working fluid mass flow rate (CO5). Slave section represents instead
the heat transfer between the high and low thermal source and the heat
exchanger masses. In Master section the geometry and the correlation to
define the heat transfer coefficient reported in Table 3. Fig. 4 shows a
scheme of the theoretical approach followed to characterize the dy-
namic behavior of heat exchangers. According to this approach, the
metallic masses of each heat exchangers are discretized in sub-volumes
whose sides are in contact with fluid 1 and fluid 2. In this way, it is
possible to consider the thermal inertia of HEX metallic masses and the
conducive capacity as reported in Eq. (3).

dTyvar _ Q1 +Qx _ (aAAT), + (aAAT),
dt pVc, pVc,

3

In Eq. (1), Q; and Q; are the thermal power provided by the fluid 1 to
the metallic masses (considered positive) and thermal power provided

Table 3

Measurement instrument and uncertainty.
Quantity Instrumentation Uncertainty
CO,, temperatures PT1000 RTD +0.1°C
Water/glycol temperatures K-thermocouple +1.5°C
CO,, flow rates Coriolis flow meter 0.1%
Water/glycol flow rates Magnetic flow meter 0.25 %
CO;, pressures Membrane sensor 1%
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by the metallic masses to Fluid 2 (considered negative). Concerning p, V
and ¢, they are the density, volume and specific thermal capacity of
metallic masses, respectively. The heat transfer coefficient is denoted as
o and measured in [W/mzK] whereas A is the heat transfer area while
AT is the effective temperature difference the metallic masses and
working fluids.

Hence, as Fig. 4 and Eq. (1) shows, the temperature of metallic
masses (Tway) is defined by the thermal power balance between HEX and
the two fluids (Fluid 1 and Fluid 2).

In Eq. (1), Q1 and Q3 are the thermal power provided by the fluid 1 to
the metallic masses (considered positive) and thermal power provided
by the metallic masses to Fluid 2 (considered negative). Concerning p, V
and cp they are the density, volume and specific thermal capacity of
metallic masses, respectively. The heat transfer coefficient is denoted as
« and measured in [W/m?K] whereas A is the heat transfer area while
AT is the effective temperature difference the metallic masses and
working fluids.

Hence, as Fig. 4 and Eq. (1) shows, the temperature of metallic
masses (Twap) is defined by the thermal power balance between HEX and
the two fluids (Fluid 1 and Fluid 2).

It is worth noting that heat transfer coefficient o is are predicted
thanks to the empirical correlations. In particular:

Heat transfer coefficients are predicted thanks to the following
empirical correlation:

- Heat transfer coefficient for single phase (liquid and vapor) and for
supercritical phase with Dittus Boelter [45] correlation.

- Heat transfer coefficient for single phase (liquid and vapor) and for
supercritical phase two phase condensation and evaporation with
Specific Shah correlations [46].

Throttling valves (HPV, FGV, EEV) produce a significant effect on the
behavior of the whole plant, they are modelled as restrictions caused by
an orifice with an externally set diameter and the relation which cor-
relates the mass flow rate and pressure drop at valve sides are reported
in Eq. (4).

. TI:D2 2 otal static
Titco, = Cdp(T) (Pr.cotal ; P2 static) 4)

where: Cd is the discharge coefficient defined according to the approach
of Litchatrowicz et al. [47], p is the CO5 density, D the orifice diameter,
P1,total 1S the total pressure upstream the valve and pogatic the static
pressure downstream the valve.valve opening rate ¢ defined as as the
ratio between the effective valve flow passage area and the maximum
one characterized by a circular area whose diameter is equal to D.

For the case at hand, a ¢ equal to 35 % is considered for HPV and 25
% for FGV. The EEV valve is considered totally open (¢ = 100 %).

Phase separator (PS) is an insulated tank in which the two-phase
working fluid leaving the High Pressure valve (mco,) enters. Here, the
vapour and liquid phases are separated with the liquid gathered on the
bottoming and provided to the evaporator (m;,) and the vapour (1myqp)
taken from above and forwarder to flash gas valve. A scheme of Phase
separator model can be seen in Fig. 5. This component is treated by a
lumped element to which the mass (2.1), momentum (2.2) and energy
conservation Eq. (2.3) can be applied. Mass conservation equation can
be particularized as in Eq. (5):

mCOZ = mvap + mliq (5)

In literature, [48], vapor mass flow rate is evaluated as the product of
mass flow rate leaving the lamination valve (HPV) multiplied by the
quality of working fluid (gps, ) entering the separator (Eq. (6)). Vapor
quality is defined as the ratio between the vapor mass flow rate and that
of the whole mixture. A slight deviation could be observed measuring
the mass flow rate in vapor line mq, this is due to the internal
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Fig. 5. 1-D Model scheme of phase separator tank.

evaporated current me,qp in. Hence, the internal evaporated mass flow
rate can be evaluated by the difference of the vapor mass flow rate
exiting the phase separator and the product of the mass flow rate
entering the phase separator and the corresponding quality, [47].

rhevap.in = mvap - mCOg qps;, (6)

In case of a proper thermal insulation the internal evaporated mass
flow rate depends only on inner phenomena and not on ambient heat
gain. It is worth to remark that an important parameter of phase sepa-
rator is the height of the tank. This parameter, indeed, have a significant
influence on the pressure at tank outlet due to the gravity effects.

Concerning the operating conditions, compressor speed are kept
constant to 1450 RPM whereas the HPV valve was varied to maximize
the compressor discharge pressure in every working conditions. The
water flowing at evaporator presents a flow rate of 54 1/min and an inlet
temperature varying from 22 °C up to 37 °C. The boundary conditions
and the flow process of the model was resumed in Fig. 5.

It is important to notice that in the case of layout with expander
(Fig. 2(a)), HPV is replaced by a SVRE. SVRE is modelled thanks to a 0D
model (capacitive) based on the mass conservation equation, (Eq. (7)):

_ PinVine@exp

nexp

Mco, @

The opening of the intake and exhaust ports of the expander has been
represented according to the real geometry as well as the filling and
emptying of the vanes considered as small capacities which during
filling loose the inlet kinetic energy of the refrigerating fluid while
during discharging keep it, transforming it into a pressure decrease at
the outlet section. When the fluid is inside the rotating vanes, the mass is
conserved apart from the eventual leakages between adjacent vanes. The
thermodynamic properties of the refrigerating fluid inside the vanes
have been calculated according to the transformations which happen
and with the equation of state for the liquid and for the vapor (and
mixtures) evaluated with REFPROP: For sake of completeness, the
expander model correctly reproduces all the other relevant aspect as
blade motion, forces acting on them and on the stator surfaces, leakages
between lateral blade and slot surfaces, cavitation phenomena in the
fluid. Thanks to this approach, it has been possible to evaluate the
expander permeability providing a fundamental relationship between
the mass flow rate entering the expander and the mass flow rate crossing
it (the one delivered by the compressor). Eq. (7) introduces intake vol-
ume, expander speed and volumetric efficiency whose values signifi-
cantly affects the permeability. In particular, it can be remarked that the
intake volume (which is one of the main outcomes of the design phase)
presents a significant effect on the plant behavior considering that the
expander behaves like a “revolving valve” with an intake volume which
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is passed, with a frequency given by the revolution speed multiplied by
number of blades (vanes), from inlet to outlet. This immediately ex-
plains how important the expander design is (the intake volume,
definitively) on the effect on the whole plant seen by the expander,
represented by the overall refrigerating unit.

For each component of the model reported in Fig. 3, the input vari-
ables (Fig. 6) have been applied as boundary conditions:

a) At the “slave section” of the evaporator (cold side): mass flow rate,
inlet temperature (i) and outlet pressure (1) of the water-glycol
mixture;

b) At the “slave section” of the gas cooler (hot source): mass flow rate,
inlet temperature (n) and outlet pressure (o) of the external air;

c) For the compressor (m): speed of rotation which defines the flow rate
of the refrigerating fluid, the one circulating inside the system, ac-
cording to the compressor pressure ratio;

d) At the High-Pressure valve (HPV), Flash gas valve (FGV) and EPV:
the opening values which define the hydraulic impedance of the
system;

e) When the expander (p) is considered: the speed of rotation. The
presence of a regenerative inverter is considered to vary the
expander speed such a way to control the expander permeability (Eq.
7).

Regarding the output variables, the model provides all the main
operating variables of the refrigeration unit.

3. Results
3.1. Experimental results

To experimentally validate the model, the trans-critical CO refrig-
eration unit was experimentally tested to assess its behaviour as function
of the external temperature. The experimental data are collected for an
entire summer day in July in the Centre of Italy. The acquisition lasts 24
h with an air temperature ranging from 18 °C up to 32 °C. Concerning
the operating conditions, compressor speed are kept constant to 1450
RPM whereas the HPV valve was varied to maximize the discharge
pressure. The raw data are post processed considering only the steady
state operating conditions. The experimental data are then averaged and
represented for each external temperature. During the experiments in-
termediate pressure are regulated acting on the High Pressure Valve
(HPV) and Flash Gas Valve (FGV). The closing rate of HPV defines the
pressure loss across the HPV and consequently the pressure upstream the
separator tank (intermediate pressure). Moreover, it was observed that
reducing the opening rate of the FGV, the pressure inside the tank tends
to increase. The reduction of HPV opening rate affects also the maximum
pressure as the permeability of the circuit decreases. In this occurrence
pressure grows up to the achievement of trans-critical conditions.

The refrigeration unit performances have been tested during a
summer period in the Centre of Italy with an air temperature ranging
from 18 °C up to 32 °C.

As the aim of the analysis was to observe the effect of external air, the
compressor operates at a fixed speed of 1450 RPM and the flow rate of
the water-glycol mixture at evaporator and the air at gas cooler are
respectively equal to 54 1/min and 7600 m>/h.

As theoretical expected, external air presents a large impact on plant
performance as it can be seen in Fig. 7 for the discharge pressure (Fig. 7
(a)) and temperature (Fig. 7(b)). Indeed, with the external air temper-
ature which increases from 18 °C up to 32 °C, the pressure of the
working fluid at the compressor outlet raises from 6.8 MPa up to 8.5
MPa (Fig. 8(a)). The raise of the discharge pressure leads to the increase
of pressure ratio as the suction pressure remains quite constant when
external air temperature varies (Fig. 8(c)). This explains the growth of
discharge temperature with external air reported in Fig. 7(b). Regarding
suction temperature, it exhibits a low increase with external air
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Fig. 6. Flow chart of the model.

temperature excursions. Hence, when the external temperature grows,
an increase of plant maximum pressure (at compressor discharge) is
observed. If the pressure exceeds the critical pressure, the refrigeration
unit operates in trans-critical mode as it can be seen in Fig. 8 from the
pressure-total enthalpy diagram reported for different air external
temperature.

In Fig. 8 it can be seen the reference thermodynamic cycle to which
the system refers (blue line) for external air temperature of 18 °C (Fig. 8
(a)), 24 °C (Fig. 8(b)), 27 °C (Fig. 8(c)) and 33 °C (Fig. 8(b)). For an
external air temperature higher than 24 °C the discharge pressure ex-
ceeds the critical pressure, hence, below this value the unit operates in
subcritical mode. Trans-critical and subcritical conditions influence the
thermal power exchange between the refrigerating working fluid and
the cold source. As matter of fact, in subcritical operation, the working
fluid enters the gas cooler as superheated vapor exiting it as a subcooled
liquid (Fig. 8 (a) and (b)). On the other hand, in trans-critical mode, the
working fluid enters and leaves the gas cooler as a superheated vapor
without a phase transition (Fig. 8(c) and (d)). It can be noticed as when
the external air increases an enhancement of the of the quality of
working fluid downstream HPV (Fig. 9) is reported. Indeed, in Fig. 9(a),
the intermediate pressure (downstream HPV) is kept close to 35 bar (3.5
MPa) while the working fluid quality grows with external temperature
(Fig. 9(b)). The quality increase explains as the working fluid towards
evaporators decreases as the external temperature grows. Indeed, the
higher the quality the lower the liquid is present in the separator tank
and this leads to a decrease of the refrigerating working fluid towards
the evaporator. When the quality is larger, the amount of refrigerating
fluid mass flow rate forwarded to the flash gas valve increases. This mass
flow rate is due to the difference between the total mass flow rate pro-
vided by compressor (Fig. 9(c)) and that provided to the evaporator
(Fig. 9(d).

In Fig. 10 the compressor power (a), cooling load (b), COP of the
refrigerating unit (c) were reported. When the external air temperature

grows, compressor power raises from 4 kW up to 5 kW due to the in-
crease of discharge pressure, and consequently, to the increase of
compression ratio, Fig. 7(a). The cooling load (the thermal power
extracted from evaporators) exhibits a decrease due to the reduction of
the refrigerating mass flow rate forwarded to the evaporator when the
external air grows. The trend of these quantities explains as the COP
diminishes from 3.5 up to 2 due to the combined effects of compressor
power decrease and cooling load decrease. For sake of completeness,
COP is defined as the ratio between the extracted thermal power
(cooling load) and compressor power as in (Eq. (8)):

P vaps
COP — - MEvaps (8)

compr

3.2. Model validation

A further novelty of the work is the analysis of the expander impact
on plant behaviour through a comprehensive model of the whole unit.
To do this is fundamental that the model can reproduce in accurate way
all the main parameters of the system. Indeed, the aim of the novel
expander design approach is that expander does not produce a signifi-
cant variation of the original parameters of the baseline case. Hence, to
demonstrate the reliability and accuracy of the model, the low errors
between experiments and predictions was reported.

The Absolute and Relative Root Mean Square Error (Egs. (9) and
(10)) and Maximum Absolute and Relative Deviation (Egs. (11) and
(12)) are chosen to assess the accuracy of the model with the predicted
values.

©)
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temperature. Experimental errors bar are reported as vertical squared lines.

10)

MD = max (u> an
Xi

MD, = max (xi — J’ci) (12)

Concerning the predicted values given by the model, the following
consideration apply.

Concerning discharge pressure, the agreement between experi-
mental and theoretical data is really satisfying demonstrated by a low
RMSE; and MD; equal to 1.3 % and 2.5 %, respectively. The errors in
terms of discharge temperature are slightly larger despite it can be
retained fully satisfying being the RMSE and MD of 4.3 °C and 5.9 °C,

10

respectively. This is due to the unavoidable simplifications and as-
sumptions of the evaporator geometry to obtain a 1D model. The authors
expect for previous similar calculations that in presence of a geometrical
data of this component more detailed, the temperature difference could
be below 1.5 °C. A high accuracy is reached for the suction pressure
values, with a RMSE; and MD; respectively equals to 3.2 % and 7.4 %.
Concerning the suction temperature, the same consideration made for
discharge temperature applies. The good accuracy is good with a RMSE
=4.2°Cand a MD = 4.2 °C and 7.4 °C. The good agreement between
experimental data and predictions can be seen in Fig. 7.

Concerning the intermediate pressure (downstream the HPV valve)
the RMSEr is 1.9 % whereas the MDr is 3.6 %. An interesting aspect is the
good agreement between experimental refrigerating fluid quality at HPV
and the prediction. Indeed, in Fig. 9 the model follows the experimental
trend, with a low RMSEr (6 %). The consequence of this good prediction
is a similar good representation of the refrigerating fluid mass flow rate
provided by the compressor and that forwarded to the evaporator. For
these quantities, a RMSEr of 4.4 % and 4.6 % are observed, respectively.

A final consequence of the satisfying predictions of the model is the
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Fig. 8. Pressure-Total Enthalpy diagram for external temperature equals to 18 °C (a), 24 °C (b), 27 °C (c) and 33 °C (d).

capability to represent with high accuracy the power required by
compressor which changes from 4 kW up to 5.5 kW (Fig. 10). In this case
the RMSEr and the MDr are 3 % and 5.7 %, respectively. The thermal
power extracted by evaporators has a RMSEry, equal to 8.2 % while the
COP (Eq. (4)) a RMSEy, of 8.5 %. The p-h diagram reported in Fig. 10(d)
demonstrates a complete very satisfactory overlapping between pre-
dictions and tests.

3.3. Assessment of the separator volume size on plant performance

Once validated, the model can be used to investigate some plant
features which cannot be analysed with a thermodynamic model. For
instance, the impact of tank separator on the whole plant behaviour can
be assessed only with a capacitive model as the one developed in this
works. Indeed, this component is placed downstream the HPV valve and
it ensures to separate the liquid from vapor phase. The choice on this
components was due to the lack of references in literature to design this
component whose cost and steel consumption are significant. This could
be helpful also in light of the expander design as according to the tank
volume selection the pressure downstream expander could change, thus
affecting its expansion ratio. Liquid phase then flows towards evapora-
tors while vapor is forwarded to flash gas valve. Hence, thanks to the
model, the impact of volume size of separator tank on the whole plant
behaviour was observed for a CO2 charging mass of 15 kg and an

11

external temperature of 33 °C. In Fig. 11 (a) and (b) decreasing the
Separator Volume from 160 up to 30 L the maximum plant pressure
grows from 6 up to 25 MPa. A same trend is observed for also for tem-
perature which grows from 380 up to 430 K. Also, the pressure down-
stream the HPV valve (Fig. 12(a)) sees a similar increase from 3 MPa up
to 5.5 MPa with Volume reduction from 160 up to 30 L. This means that
when separator volume diminishes an increase of all pressure levels of
the unit takes place. Hence, also the pressure inside the tank grows
which is equal to that downstream of HPV (Fig. 12(a)). This leads to a
larger amount of liquid mass inside the separator which passes from 3 %
up to 15 % (Fig. 13(a)) when the volume is reduced from 160 up to 30 L.
This involves a larger working fluid mass flow rate (Fig. 12(b)) and,
simultaneously, a larger portion forwarded to the evaporators being
lower the quality of CO5 downstream the HPV for lower volume (Fig. 13
(b)). Quality is, indeed, expressed as the volume fraction of vapor on all
the mixture (Fig. 14(a)).

The separator tank was modelled as a lumped volume. It was seen as
the ratio between the mass charge of the working fluid define the base
pressure of the unit. A larger volume of the separator contributes to
increase the whole plant volume equal to 0.12 m for the case at hand.
So, for a given charge of working fluid (15 kg for the case at hand), the
ratio between the mass charge and the plant volume decreases thus
providing a reduction of the minimum plant pressure.

Consequently, the thermal power extracted (Cooling load) increases
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from 3 kW up to 30 kW when volume of the tank decreases from 160 L
up to 30 L (Fig. 14(b)). Hence, the decrease of Volume of the separator
leads to a higher cooling load but involves a larger pressure levels and
working fluids to elaborate. This causes the increases of power required
by compressor which sees a significant grows from 3 up to 15 kW when
volume of the separator passes from 160 L up to 30 L. Consequently, COP
assumes a maximum close to 2.8 for a volume equal to 80 L (Fig. 15(b)).
Indeed, COP decreases for too low and too high volume because in the
first case the compressor power is larger (Fig. 15(a)) while in the second
case a too low cooling load is observed (Fig. 14(b)). Therefore, a general
recommendation for the design is to select an intermediate value for the
separator tank to ensure a proper cooling load avoiding that compressor
power reaches unsuitable value. It is important to observe that the
volume of the tank of the experimented unit is 110 L and reducing this
value to 80 L an increase of 12 % can be achieved on COP.

The achieved results are in accordance with literature according to
which the adoption of a larger receivers ensures to increases the range of
refrigerant charge according to which optimal conditions are reached,
[49].
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3.4. Sliding rotary vane expander design

Once validated, the model of the unit was used to refine the expander
design of the intake volume which was preliminary designed thanks to a
theoretical approach based on mass conservation between the working
fluid exiting the gas cooler and that elaborated by the expander (Eq. (5)).

The main outcome of this preliminary design is the intake volume,
considering as an input the expander speed (1500 RPM) and the volu-
metric efficiency taken from literature for this kind of device [31,32]
and taken equal to 60 %.

Considering as rated point the one corresponding to the average
summer temperature 25.4 °C, the following operating quantities are
considered:

Temperature of CO; at expander inlet equal to 29 °C;

Pressure of CO; at expander inlet equal to 74.2 bar (7.42 MPa);
Pressure of CO, downstream the expander of 35 bar (3.5 MPa);
CO, working fluid mass flow rate entering the expander equal to 75
g/s.
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According to these parameters, the preliminary expander intake
volume coming from Eq. (3) is equal to 2.63 cm?®.

Assuming this datum, the speed that the expander must assume when
the operating conditions varies was evaluated reversing Eq. (3). Indeed,
imposing the preliminary intake volume (2.63 cm®), expander speed can
be known as operating conditions (and consequently density of the CO,
at expander intake change). Hence, with an intake volume of Vi, equal
to 2.63 cm® expander speed should varies between 1200 RPM and 1600
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RPM as in Fig. 16(a), according to the external temperature which varies
from 18 °C to 32 °C. In all the operating point expander receives at inlet
a working fluid in subcooled or a supercritical working conditions.

Observing the expander intake pressure (black line) given by the
model (Fig. 16(b), baseline), it can be seen that the preliminary
expander design having 2.63 cm® as intake volume requires a slight
variation in order to better match the reference datum. This happens if a
Vint is reduced to 2.5 cm?®.
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Assuming this new value, Fig. 17 (a) and Fig. 17 (b) show how close
are the two predictions on the refrigerating fluid mass flow rate (a) and
on that at the evaporators (b), between the baseline case (HPV presence,
baseline case) and when the expander (having a Vi = 2,5 cm®) sub-
stitutes the HPV. This definitively ensures that the substitution of the
HPV with the SVRE, suitably controlled in RPM, does not produce a
significant variation of the fluid dynamical and thermodynamical
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properties of the refrigerating unit.

It is worth to remark that when expander was considered, to keep the
same operating conditions of the HPV case, the speed was varied in
order to set its permeability (i.e. attitude to be crossed by working fluid).
Permeability defines the plant maximum pressure for a given mass
flowrate entering the expander. Hence, observing Fig. 16, the total mass
flow rate (entering the expander) tends to increase in the range 24-28 °C
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and decrease from 28 °C up to 32 °C. The expander speed increases in
the temperature range of 24-28 °C to increase the permeability to avoid
that maximum pressures see a too high increase. On the contrary, be-
tween 28 °C and 32 °C the expander speed diminishes to reduce plant
permeability and avoid that pressure assumes too low values. Defini-
tively, the expander speed which can be changed very easily represents a
suitable control variable to restore the previous cooling capacity of the
unit (with its thermodynamic performances), while the power recovered
by the expander remains the useful effect in terms of COP increase.
Hence, expander intake pressure represents the value at the outlet of dry
cooler and the inlet of the HPV. In the present paper the operating
condition of the expander was set in order to keep the same value of
baseline case (with HPV).

Once the expander intake volume was defined, the SVRE could be
built (keeping the same intake volume) with two shape configurations. A
finger-shapes configuration can be achieved with a predominant axial
dimension whereas a disk-shaped one by a radial development. To orient
the design the comprehensive expander model experimentally validated
by authors in previous works [42,43] has been used. It produced a
design with the main dimensional characteristics reported in Fig. 18.
The 0 angle is evaluated by the bisector line (dashed line) of chamber 1
and reference line. Eight blades were considered as best compromise
between the optimization of mechanical and volumetric efficiency.
Indeed, increasing the blade number the volumetric losses tend to
decrease as the angular interval of pressure difference between adjacent
vane is lower, [50]. Anyway, if the blade number increases, this provides
a growth of mechanical friction losses.

3.5. The dual intake port expander

Dual Intake Port (DIP) technology involves the introduction of a
second intake port after the mean one, ensuring that machine can be
continuously filled even during vane expansion, [42,43]. Thanks to this
approach, two main benefits were observed:

1. The machine can elaborate a larger amount of fluid for a given
pressure difference at its sides.

2. The pressure decrease during the expansion phase is delayed leading
to a larger area in the P-V plane. This means that the work produced
by the expander is greater.

Thanks to the afore mentioned pressure decrease, some additional
benefits also on volumetric efficiency are introduced. The main leakages
path was considered the volumetric losses between the blade tip and the
stator inner surface, the one between blade side and rotor slot and that
between rotor face and machine casing. Moreover, also the leakages
across the tangency were considered. Among the leakages path the one
which affects most the volumetric losses is the leakages between blade
tip and stator inner surface, [50].

DIP delays the end of intake phase, so, the interval angle in

intake port

reference line

exhaust port
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correspondence to which the pressure difference between adjacent
chambers takes places diminishes and leakages are reduced.

In Fig. 19 the scheme of DIP SVRE was shown as a result of the
procedure in [42,43] while in Fig. 18 the conventional solution is re-
ported (Single Intake Port, SIP). The angular configuration of second
inlet was chosen to achieve the best compromise between power pro-
duction increase and machine efficiency. Indeed, according to the
experimental and theoretical analysis carried out by the author in
[42,43] it was seen that the power production tends to increase for dual
intake port angle far from the main one (avoiding of course any overlap
with the exhaust port). On the other hand, the efficiency tends to in-
crease reducing the distance of the intake ports. So, the proposed solu-
tion allows to solve the trade-off problem.

In Fig. 20(a), SIP and DIP expanders are fed by the same inlet pres-
sure (the curves are overlapped) and the exhaust pressure is equal to 3.5
MPa. DIP solution elaborates a larger mass flow rate than SIP (Fig. 20
(b)). This is the effect of the machine permeability increases.

The extra flow rate of the refrigerating fluid ensures that DIP
expander produces a higher power (Fig. 21(a)). A benefit in volumetric
efficiency is also observed from Fig. 21(b) —from 0.6 up to 0.72- as
already observed from expected theoretical considerations. The higher
volumetric capacity of DIP expander is demonstrated by the PV diagram
(Fig. 22). DIP machine presents a larger intake section (up to 0.61 cm3)
than the SIP one. This delays the pressure decrease, resulting the vane of
the DIP expander filled even during the first part of the expansion phase
(increase of the vane volume). This allows to produce two benefits. The
first is that increasing the intake phase, the pressure difference between
a chamber and the preceding and following ones is limited to the last
portion of expansion.

Fig. 22 reports a theoretical prediction of pressure trace inside
chambers. This prediction can be retained more accurate as the model
was validated against experimental data related to measurement of
pressure inside the vane. In authors work [43] the measurement process
is reported, it can be seen that three piezoresistive pressure transducers
was adopted with a frequency sampling of 4500 Hz. The sensors are
placed in angular section allowing to reproduce the main phase of the
intake, expansion and exhaust process. The measurement are evaluated
as function of time, a post processing algorithm was developed which
ensures to correlate the pressure to the angular position and subse-
quently, exploiting the geometrical relation linking the angle and
chamber volume, the pV diagram can be outlined.

DIP machine presents a larger intake section (up to 0.61 cm?) than
the SIP one. This delays the pressure decrease, resulting the vane of the
DIP expander filled even during the first part of the expansion phase
(increase of the vane volume). This allows to produce two benefits. The
first is that increasing the intake phase, the pressure difference between
a chamber and the preceding and following ones is limited to the last
portion of expansion (DIP case in Fig. 22). This allows to reduce the
leakages losses according to what observed in [42]. The increase of
volumetric efficiency positively impacts on mechanical efficiency which

Rotor Diameter 34.9 mm
Stator Diameter 38 mm
Eccentricity 1.27 mm
Number of blades 8
Expander height 42 mm
Blade thickness 4 mm
Blade length 5 mm
Blade weight 39¢g
Intake port opening angle 0 deg
Intake port closing angle 75 deg
Exhaust port opening angle 154 deg
Exhaust port closing angle 356 deg

Fig. 18. SVRE design.
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main intake port

dual intake port

Rotor Diameter 34.9 mm
Stator Diameter 38 mm
Eccentricity 1.27 mm
) Number of blades 8
-7 Expander height 42 mm
Blade thickness 4 mm
Blade length S mm
Blade weight 39¢g
reference line Intake port opening angle 0 deg
Intake port closing angle 75 deg
Intake port opening angle 68 deg
Intake port closing angle 130 deg
Exhaust port opening angle 154 deg
Exhaust port closing angle 356 deg
exhaust port
Fig. 19. Dual Intake Port (DIP) SVRE design.
e SIP e DIP
(a) (b)
E 9 0.15
2 “° g
o * g e ° X
5 8.75 = E 0125 | ¢ o% ®wW®ee
2] L] o
5] g o. =] iﬂ
— = =
2 5
- ° £ g
S =
k= 5 %
5 8.25 BN =0075 |y 4 @t% ®tw oo so®
= o
=
s @]
;j 8 0.05
31 32 33 34 35 36 31 32 33 34 35 36
Expander intake temperature [°C] Expander intake temperature [°C]

Fig. 20. Expander Intake pressure (a) and CO, mass flow rate (b) in SIP and DIP case as function of expander intake temperature.

) SIP ° DIP
(a) (b)

625 AL

600 T 509
— °® Q
B 575 oo oo = 0.8
‘:‘ e bt ol ’ ° L4 0% o
) 550 o ® .2 0.7 T o ® o000
z E °
£ = 206 * * s

() e

5 500 j= T ¢ o wee
s ° o 0.5
= 475 % >
g es o0 ° 5 0.4
%450 ~ [ 3
M 425 —° §03

400 —° 5 0.2

31 32 33 34 35 36 31 32 33 34 35 36
Expander intake temperature [°C] Expander intake temperature [°C]

Fig. 21. Expander Power (a) and volumetric efficiency (b) in SIP and DIP case as function of expander intake temperature.

17



F. Fatigati and R. Cipollone Energy Conversion and Management 342 (2025) 120098

10 I I I
— | = -
= ' %é 15;111;)
Z 8 3 5
- 3 g8
2 6 2 2
& s &
) 7
€ 4
<
<
O | | |

9 | | |

0 0.2 0.4 0.6 0.8 1

Chamber Volume [cm 3]

Fig. 22. Comparison between chamber pressure vs chamber volume (indicated cycle) in SIP and DIP case.

e SIP e DIP

(a) (b)
1 0.6
-
= 0.95 %
s 09 ‘5 055 ey
2 0.85 5 . *% ..
ic: 0.8 ° ° :m o € o 0 000 é 0.5 P~ i ..'O"o.
2 0.75 . g < s
£ 07 o127 2045 *o e
=
> 0.65 =
0.6 0.4
31 32 33 34 35 36 31 32 33 34 35 36
Expander intake temperature [°C] Expander intake temperature [°C]
()
0.45
5 0.425
5
2 &
£ 04 .«
= ° °
S ) ':o . (3
parey o
o 0375 . P
L
0.35

31 32 33 34 35 36
Expander intake temperature [°C]

Fig. 23. Mechanical (a) Fluid dynamic (b) and global efficiency (c) in SIP and DIP case.

18



F. Fatigati and R. Cipollone

grows thanks to the adoption of DIP as it can be seen from Fig. 23(a).

Indeed, mechanical efficiency is evaluated as the ratio of mechanical
power on the shaft and the indicated power (Eq. (13)) given by the area
of indicated cycle in Fig. 22 evaluated as in Eq. (14):

P mech

Mmech = Pind (13)
S $pidVi
P = S $2Yi a4

i1 tcycle
where p;j is the pressure inside the i-chamber, V; is the chamber volume,
teycle is the time needed to complete a cycle and Ny is the number of
chamber

As Fig. 22 shows, DIP allows to boost the indicated cycle and
consequently its area. For this reason, DIP indicated power (exchanged
between working fluid and mobile components) is larger than SIP. As the
DIP does not provide a variation of machine dimensions, the friction
power losses are the same and for Eq. (15) DIP mechanical power is
larger than SIP.

Pmech = Pind - Pmech.losx (15)

Mechanical power represents the power on the expander shaft
whereas the indicated one is the work exchanged by the working fluid
and the machine mobile components. This means that the difference
represents the friction losses.

Another positive aspect of DIP is that the typical sudden pressure loss
encountered at the end of intake phase, already observed by [30] for
SVRE operating with trans-critical CO,, is delayed from 0.3 cm® (SIP
case) up to 0.6 cm® (DIP case) hence DIP expander presents a larger
pressure for a wider volume variation with respect SIP with a conse-
quent benefit on indicated power. The delay of the intake phase pro-
duced by the introduction of DIP leads to a lower volume interval (from
0.61 cm® up to 0.75 cm®) in which SVRE performs a closed volume
expansion phase. Consequently, at the discharge port opening, the
pressure inside DIP is larger than the corresponding value in SIP case.
Thus, the power related to isochoric expansion is greater for DIP. Despite
isochoric expansion collaborate to power production, the fluid dynamic
efficiency (Fig. 23(b)) diminishes if an adiabatic isentropic expansion is
taken as reference transformation (Eqn 16).

Pig Ping

= = 1
nﬂuld Pogjs Tilcoz (hin - hout,i.r) ( 6)

Indeed, adiabatic isentropic efficiency (global efficiency) (Fig. 23(c))
does not consider the isochoric expansion thus outlining a reduction of
efficiency when the under-expansion is larger as in DIP case. So, a
reference transformation more adherent to real behaviour of volumetric
expander than adiabatic isentropic is needed. Anyway, as adiabatic
isentropic efficiency is generally considered to express the whole
expander behaviour it is employed also in this research. Eq. (17), can be
rearranged to express the efficiency chain, [51]:

P, mech P, mech P ind n n
- — 'Imech'lfluid
P ind P ad,is &

r’expf

P, ad,is (17)

The expander whole efficiency depends by the product of the me-
chanical and fluid dynamic efficiency. The former considers the effect of
friction losses the latter the detrimental effect of volumetric losses and
deviation from ideal reference transformation. Besides the over and
under expansion (when the pressure inside the chamber is lower or
higher the one exerted by the circuit at expander outlet, respectively),
fluid dynamic efficiency takes also into account the effect of volumetric
efficiency which affect the working fluid entering the expander and
consequently the indicated power.

It is interesting to observe that despite the lower fluid dynamic ef-
ficiency, the DIP presents a larger whole efficiency due to the larger
mechanical efficiency. This confirms that DIP solution is not a simple
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supercharging technique, but it leads to a more performant machine
with a larger power production and efficiency.

Authors widely experimentally analyse in previous work SIP and DIP
also considering the effect of lubrication oil, 5 % in mass of the whole
working fluid charge. Thanks to this wide database, theoretical model
was validated and used as reliable and accurate software platform to
optimize the expander design. For what regard lubrication, despite the
model can predict its impact, for the application at hand an oil free
expander was considered in order to avoid oil separator or an oil mixed
to CO,. Concerning the impact of this choice on volumetric efficiency,
the adoption of DIP allows to overcome the absence of oil as it allows to
reduce the leakages losses. For what concern the mechanical efficiency,
an accurate design of the blade allowing to reduce as much as possible
the contact area could be helpful to keep low the friction losses.

3.6. Assessment of benefits introduced by DIP expander in CO, trans-
critical refrigeration unit with respect to a SIP expander and with respect to
the original HPV

DIP introduction allows to improve the expander performance but
also to increase its permeability. Hence, when introduced inside the CO,
refrigeration unit (replacing a HPV) it is expected that, keeping constant
the maximum plant pressure, the compressor can deliver more mass
flow rate.

Indeed, it is useful to remark that a volumetric expander behaves like
a “revolving valve”, hence, the larger is its permeability the lower is the
hydraulic resistance that compressor sees. To observe the benefits
introduced by a SVRE which replaces a HPV and a further improvement
when a DIP technology is considered, the model of the whole unit
modified in order to account for the mentioned plant modifications was
used.

The comparison was carried out set DIP and SIP expander speed in
order keep the same intake pressure at the HPV (Fig. 24(a)) and CO4
mass flow rate (Fig. 24(b)). This guarantees that the conditions upstream
the HPV were kept the same. The expander speed can be controlled with
a regenerative inverter which allows to externally set the rated speed
even if the electric generator is connected to the electric grid.

As a result of the increased permeability of the DIP technology, in
Fig. 24(c) can be observed that in this case the expander speed is
significantly lower due to the larger intake volume and volumetric ef-
ficiency increase (Fig. 21(b)). So, adopting a DIP expander, its speed of
revolution can be significantly reduced (40 %). Consequently, benefits
on friction loss reduction without penalties on volumetric capability and
expected wear reduction too, i.e. longer operating life.

A further benefit of DIP is that with respect to SIP ensures to achieve
a fraction of CO2 mass flow rate forwarded to evaporators closer to the
baseline case (HPV) as clearly shown in Fig. 24(d). Indeed, it can be seen
as the DIP CO, mass flow rate fraction to evaporators (red line) better
approaches the baseline line (HPV) for larger external temperatures.
This means that DIP does not provide significant variation on plant
behaviour when it replaces the HPV.

In Fig. 25, the impact on the refrigerating unit performances is shown
with respect to the baseline (with HPV valve). In particular, despite few
variations, the cooling load (Heat absorbed by working fluid across the
evaporators) assume a same trend and values. Hence, keeping the same
cooling operating performances, the compressor must face the same
pressure ratio providing a quite equal CO, mass flow rate.

So, the compressor power (Fig. 25(a)) assumes comparable values for
all the three cases and only small differences can be expected. Consid-
ering the ideal power recoverable, the ratio between the expander and
compressor power (Expander/Compressor Power ratio) reported in
Fig. 25(b) is more significant in the case of DIP expander technology
which ensures a ratio close to 7 % for an external temperature of 28 °C.

The introduction of the SVRE substituting the HPV produces a
benefit on COP both for a SIP and a DIP technology as it can be seen in
Fig. 25(d). Indeed, being the cooling load quite the same, Fig. 25(c)
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Fig. 24. Expander intake pressure (a), CO, mass flow rate (b), expander speed (c) and fraction of CO, forwarded to evaporator and SIP and DIP expander speed as

function of External temperature.

considering the power recovered, shows that COP increases for all the
external temperatures in case of HPV substitution with an expander. For
the expander SIP technology COP benefits ranges from 2 % up to 8 %
with an average value of 6 %. When the DIP technology is adopted, a
larger benefit is expected with an average value of 8.5 % and a
maximum value of 21 %. It could be useful to notice that from ambient
temperatures between 26 °C and 34 °C COP increase is always greater
than 10 %, so recovering more in terms of COP (Fig. 25(d)) when the
refrigerating unit loses in terms of performances. A more detailed
analysis of the results shows that also the cooling load in case of DIP
expander technology (Fig. 25(c)) increases with respect to the HPV
presence. The relative curve, in fact, stays almost always above that
referred to HPV.

In Fig. 26 the p-h of DIP case was reported. It can be seen as the rated
conditions was maintained as maximum, intermediate and minimum
pressure are in the order of 8.4, 3.8 and 2.3 MPa. The most important
difference is that in case of DIP installation, an enthalpy reduction is
caused by the expansion taking place in DIP machine. Indeed, in HPV
case a lamination transformation takes place leading to a conservation of
the total enthalpy.

20

As final remark it can be observed that the expander has an overall
efficiency close to 40 %, already considered in the previous result. The
introduction of slighter material for the blades (composite compounds)
will certainly improve the mechanical efficiency as the authors already
verified in other applications.

4. Conclusions

In the present paper the impact of the substitution of the High-
Pressure Valve (HPV) with a Sliding Rotary Vane Expander (SVRE) in
a COg trans-critical refrigeration unit was assessed thanks to a compre-
hensive and detailed model of the whole unit. The interest is high
because the use of CO2 produces an intrinsic lower COP with respect to
other refrigerating fluid, mainly when the ambient temperature
increases.

The model of the refrigerating unit considers the propagative, iner-
tial and capacitive properties of the components of the unit, being in this
way a novelty in the sector, often oriented to a pure thermodynamic
model. This means that the model can describe in an accurate way
transient conditions and off design operation. It is suitable to be used as
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Fig. 25. Expander intake pressure (a) and CO, mass flow rate (b) Cooling load (c) and COP (d) a in case of HPV, SIP and DIP expander.

design tool for most critical components of the refrigeration unit for
which the use of semi-empirical relationships is widely used (for
instance the separator downstream the HPV). The model has been
validated on the base of a wide experimental activity on a refrigeration
unit having a rated cooling load of 18 kW, a maximum pressure and
temperature of 8 MPa and 390 K, respectively and minimum pressure
and temperature equals to 2.6 MPa and 280 K.

The design of a Sliding Vane Rotary Expander (SVRE) which replaces
the High-Pressure Valve (HPV) to recover the energy usually wasted was
also optimized thanks to the model. To keep the same characteristics of
the refrigeration unit (cooling load, pressure values, refrigeration fluid
flowrate, etc...), the model was also used to design a control strategy of
the SVRE acting on the speed of revolution, as a function of the ambient
temperature. In fact, the expander behaves like a “revolving valve” and
the speed of revolution (considered as control variable) is a variable able
to restore the pressure-flow rate response of the unit when it was
managed with a HPV. Being the power recovered by the expander the
paying load of the valve replacement (without neglecting the value of
the externality produced by the reduction of the CO5 emissions having
reduced the power requested by the unit), an additional improvement
has been presented adopting a new expander technology (the Dual
Intake Port, DIP) recently developed by the authors. It introduces an
additional intake port which opens after the closure of the first one.

The DIP expander replacing the HPV presents the following benefits

with respect to a conventional SVRE (Single Intake Port, SIP):

e The DIP technology allows to improve the expander volumetric ef-

ficiency up to 15 % of that of the SIP technology. With DIP expander

volumetric efficiency close to 0.8 was obtained ensuring a significant

increase with respect to the best literature values (0.45) [37].

The DIP technology improves the mechanical efficiency up to 15 % of

that of the SIP technology.

The DIP technology improves the global expander efficiency up to

20-25 % of that of the SIP technology. Efficiencies ranging between

0.4 and 0.32 are achieved, higher than the best literature values,

[34].

o The DIP technology improves the mechanical efficiency up to 15 % of
that of the SIP technology;

e The DIP technology improves the global expander efficiency up to
20-25 % of that of the SIP technology. In particular efficiency rangin
between 0.4 and 0.32 are achieved, higher than the best literature
values, [34].

The replacement of the HPV with a SVRE produces the following
advantages:

e Both SIP and DIP expander technologies ensure to achieve a signif-
icant benefit in terms of COP with respect to the baseline case with a
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Fig. 26. P-h diagram of the refrigeration thermodynamic process in case of dip.

HPV. Indeed, an average COP increase of 6 % and 8.5 % is achieved,
respectively, when the ambient temperature varies in the 18 °C-34 °C
range. The benefits is higher than that achievable with other
compressor type (i.e. piston as in [23]) and on the same order of
those reported in literature for sliding rotary vane machine [37];
DIP expander technology allows to reach a maximum COP increase
up to 20 % for an external temperature of 28 °C. In the range 24 °C-
34 °C the COP increase is never lower than 10 % for the case at hand;
DIP expander technology operates with a revolution speed lower
than 40-50 % of that requested by the SIP technology;

Greater benefits are still achievable improving the expander perfor-
mances reducing the friction between blade tip and stator surfaces
experimenting composite reinforced materials for the blades which
are under testing.

Besides potential further advantage related to expander installation,
a deep knowledge on the impact of expander operating conditions on
pressure levels is fundamental from a unit control point of view. In this
paper, the attention was focused on the feasibility analysis of dual intake
port vane expander which was never employed in refrigeration plant to
replace high pressure valve. In this first step, the permeability theory
developed by authors for ORC-based power unit, [50] was applied in
refrigeration unit founding important information on what expander
parameters should be adopted (speed and intake volume) to maintain
the inlet and outlet pressure equal to the rated one. Indeed, as the aim is
to demonstrate the benefits of DIP SVRE, the comparison was made on
baseline operating conditions. Hence, having demonstrated the benefits
introduced by DIP SVRE, verified the validity of permeability relation in
refrigeration plant and consolidated the reliability of the model, in the
next step of the present research, the expander operating conditions
(revolution speed) and design parameters (intake volume) will be varied
in order to investigate different operating conditions to optimize the
plant performance.
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