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a b s t r a c t

Internal combustion engine (ICE) thermal management is one of the most attractive methods for

reducing both fuel consumption and harmful emissions. Conventional ICE cooling uses a dynamic cen-

trifugal pump, which is generally designed based on the maximum ICE power. Unfortunately, such de-

vices present significant efficiency reductions when they are operated far from the design point.

Therefore, a sliding vane rotating pump (SVRP) has been considered as a substitute for the centrifugal

pump because its efficiency is not dependent on the revolution speed and head pressure. This study

developed a mathematical model that could be used for designing and simulating an SVRP. Then, an SVRP

was built and tested, and the results validated the model under a wide range of operating conditions.

Once validated, the model was used as a software platform to improve the SVRP design using a novel

approach based on the optimisation of the ports and shape. Moreover, the benefits of this SVRP were

assessed by comparing electrical and mechanical actuation using the Worldwide Harmonised Light

Vehicles Test Procedure (WLTP). A pump energy reduction of approximately 30% and a CO2 emission

reduction of up to 1.4 g/km were obtained.

© 2021 Elsevier Ltd. All rights reserved.

1. Introduction

The main driver of scientific and technical research on the in-

ternal combustion engine (ICE) has been the desire to reduce the

emissions of CO2 and harmful gases while preserving the me-

chanical performance of a conventional engine [1e3]. Although

vehicle hybridisation and electrification appear to be very attractive

ways to meet these goals [4], this is only possible when the elec-

trical energy from the grid can be produced using low-carbon

technologies [5]. Moreover, fully electrical or hybrid vehicles still

have higher costs [6], which is not a secondary issue considering

the wide diffusion of vehicles affecting all social classes. An

important alternative is replacing ICEs with fuel cell systems, which

are gradually entering the market, but still require further devel-

opment [7,8].

While waiting for green electricity, a key role in the transition

towards electrification is played by the improvement of the ICE

technology, which still offers significant room for development.

Among these improvement areas, engine downsizing [9,10], fuel

injection [11,12], eco-driving and improved transmission [13,14],

and the use of biofuels [15,16] are key technological trajectories. In

addition to these technologies, there is an attractive opportunity to

recover the waste heat of ICE exhaust gases [17,18], despite several

technological issues that should be solved before fully introducing

this solution in the market [19].

An interesting area of intervention that presents a good

compromise between CO2 reduction and its inherent cost increase

is engine thermal management [20,21]. The thermal interactions

between the engine, coolant, and lubricant oil are not straightfor-

ward to understand. They are strictly engine-dependent, while

simultaneously being related to the warming-up performance in

terms of emissions and fuel consumption [22,23]. Many studies

have been performed on metal or cooling fluid temperature control

strategies [24e26], layout optimisation [27e29], and flowrate

variation during the engine cold state [30] using unconventional

cooling media such as nanofluids [31] and bubble injection [32].

The conventional technology for the engine cooling pump is

based on a dynamic centrifugal machine, which is generally

designed based on the operating point (best efficiency point (BEP))

that corresponds to the maximum mechanical power [33]. Never-

theless, if the pump operates at a low revolution speed delivering

reduced flowrates and heads, the efficiency of the pump shows* Corresponding author.
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values of 15e20% or even lower. In contrast, rotary volumetric

pumps do not suffer from such efficiency reductions and present

additional advantages in terms of their geometrical shape, reli-

ability, compactness, and weight [34].

The adoption of a sliding vane rotating pump (SVRP) for the

cooling system of an ICE is novel compared to other sub-sectors, as

seen in the technical and scientific literature. Many studies have

been based on theoretical models representing the physical be-

haviours of such machines to determine the reduction of me-

chanical losses [35], overall power required [36], volumetric vs.

mechanical behaviour [37], and effect of the number and thickness

of vanes [38].

Computational fluid dynamics (CFD) analysis is widely used, but

it has a high computational cost. The internal forces of a variable

displacement pump can be assessed, and the effect of the pump

speed on the internal force has been found to be greater than that of

the pump eccentricity [39]. Designs for variable flow oil pumps

have been proposed, which have shown a reduction of 40% of the

mechanical power compared to a conventional variable displace-

ment oil pump [40]. Novel CFD approaches have also been devel-

oped to investigate rotary vane energy recovery devices for

seawater reverse osmosis systems [41]. Finally, both lumped pa-

rameters and multibody models are very useful for studying wear

[42] and air-dissolution phenomena [43].

Mathematical models have also been proposed to assess the

influence of pressure strategies when developing and designing

variable displacement oil pumps [44], or to correlate pump design

parameters and mass flow rate ripples [45e47]. Recently, an SVRP

was presented for cooling applications in alternative propulsion

systems [48,49], waste heat recovery applications [50], and vacuum

applications [51,52].

Despite this, very few detailed studies have been conducted on

the fluid-dynamic behaviour of an SVRP employed to circulate the

cooling fluid of an ICE. Moreover, in such applications, there is a lack

of design rules to maximise pump performance. For example, in

Ref. [53], an SVRP pump was designed to satisfy the cooling needs

of a gasoline-fueled ICE, but a map-based approach for the pump

efficiency was used without closely examining its design and inner

behaviours [54,55]. In addition, alternative SVRP regulation stra-

tegies based on the volume-displaced variation [56] should be

developed. The variable geometry strategy is reliable and simple,

but involves penalties in terms of pump efficiency when a wide

operating range should be covered [57].

To fill this knowledge gap, the present study closely examined

the phenomena occurring in these machines and developed inno-

vative rules to improve the design of the pump, reinforcing the

concept that an SVRP is a serious alternative for an ICE cooling

system. In particular, the efforts were focused not only on

improving the mechanical performance, but also on optimising the

pump filling and emptying processes. It was observed that in such

applications, these had a greater effect on the SVRP efficiency in

relation to mechanical losses, which, in general, limited the SVRP

performance. The optimisation of the positioning of the inlet and

outlet ports had a significant influence on the fluid-dynamic

behaviour. Therefore, to perform this comprehensive assessment

and overcome the trade-off between the volumetric and mechan-

ical efficiencies, a novel model-based design procedure was

developed. This was based on an integrated mono- (1D) and zero-

dimensional (0D) thermo-fluid-dynamic model specifically devel-

oped to reproduce the fluid dynamic and mechanical processes

[57]. The model was validated based on a wide range of experi-

mental activities conducted on an SVRP with a volume capacity

equal to 46.8 cm3 per turn. After the validation was performed, the

model acted as a software platform to improve the overall effi-

ciency through the design of the inlet and exhaust ports and

determination of the machine's optimal aspect ratio. This made it

possible to estimate the encumbrances of the pump within the

engine bay, which is very important to develop technical solutions

that can quickly be introduced in the market. Although the studies

found in the literature have focused only on the performance, the

geometrical aspects have great significance and constrain the

application. Furthermore, this work also explored the influence of

the aspect ratio on the performance, solving the trade-off between

the mechanical and volumetric efficiencies. Once an optimised

SVRP pump design was established using the software platform, it

was compared with a conventional centrifugal pump in terms of

the mechanical energy absorbed during the Worldwide Harmon-

ised Light Vehicles Test Procedure (WLTP). The cooling system

circuit of an Iveco F1C 3 L turbocharged diesel engine was used as a

reference. The mechanical energy saved by the SVRP was assessed,

and thus, the fuel and CO2 emission reductions could be obtained.

2. Materials and methods

2.1. SVRP theoretical model: fluid dynamic section

The numerical model was developed in the GT-Suite™ envi-

ronment, following an integrated approach with a transient mono-

(1D) and zero-dimensional (0D) thermo-fluid-dynamic analysis.

The 1D analysis involved the intake and exhaust pipes, which were

discretised in multiple series of sub-volumes (Fig. 1(a)). For each of

these elements, the conservation equations for mass (1.1), mo-

mentum (1.2), and energy (1.3) conservation were solved using an

explicit method, [58].
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The boundary conditions were the total pressure and temper-

ature at the inlet pipe and static pressure at the exit of the exhaust

pipe, which defined the intake and exhaust conditions, respec-

tively. These were introduced inside two elements called the intake

plenum (IP) and exhaust plenum (EP), which reproduced the con-

ditions of the circuit upstream and downstream of the pump,

respectively. The total pressure at the IP reproduced the condition

of reduced losses when the fluid entered the pipe, whereas the

static pressure at the EP indicated that the kinetic energy of the

fluid was lost and unused for subsequent processes. The revolution

speed was fixed at that of an electric motor. The fluid was a mixture

of 50% water and 50% glycol.

Filling and emptying occurred through passage areas that varied

over time. On the other hand, the 0D analysis was applied to

reproduce the filling and emptying processes of the chambers

(Fig. 1(b)), which were treated as lumped elements. The 0D

approach allowed the evaluation of the volumetric losses that

occurred inside the machine [55]. The model considered four major

flow leakages, which are shown in Figs. 2 and 3:

(1) blade tipestator leakages d(1): (1) in Fig. 2;

(2) blade sideerotor leakages d(2): (2) in Fig. 2;

(3) casingerotor leakages d(3): (3) in Fig. 2; and

F. Fatigati, D. Di Battista and R. Cipollone Energy 231 (2021) 120936

2



(4) sealearc leakage d(4): if the pump is characterised by a vol-

ume regulation based on eccentricity reduction (4) in Fig. 3.

The volumetric losses were evaluated as follows.

� Leakages (1) and (2) were calculated using the

PoiseuilleeCouette flow approach, which is based on eq. (2):

_mleak ¼ rindWpmp

�

d2Dp

12mL
þ
1

2
uwall

�

(2)

The clearance gap, d, is the parameter with the greatest effect on

the corresponding leakage, _mleak, whosemain driver is the pressure

difference between the exhaust and intake sides (Dp).

� Leakage (3) was evaluated using the equivalent orifice approach,

which evaluated the flow area of an equivalent orifice equal to

that of the gap between the casing and rotor. The equivalent

diameter was evaluated according to eq. (3):

Deq ¼

ffiffiffiffiffiffiffiffiffiffiffiffiffi

4Aleak

p

r

¼

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi

4ðddstatÞ

p

r

(3)

d and Deq, were input parameters identified during the experi-

mental validation (section 2.4) because they are difficult to evaluate

a priori.

� Leakage (4) was evaluated by updating the displaced volume

according to eq. (4), as the product of blade number Nv and the

difference between the maximum (Vmax) and minimum (Vmin)

chamber volumes:

Vdisp ¼ NvðVmax � VminÞ (4)

where Vmax is the volume of chamber 1 (V1 in Fig. 3) when the angle

between the reference axis (which connects the rotor centre and

the tangency) and the bisector of V1 is equal to 180�. In contrast,

Vmin was achieved when q ¼ 0�. When the machine operated with

nominal eccentricity (Fig. 3(a)), Vminwas negligible; thus, according

to eq. (4), the machine had the maximum displaced volume.

Fig. 1. 1D fluid-dynamic analysis of intake and exhaust pipes.
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Otherwise, if the eccentricity decreased, Vmin increased (Fig. 3(b)),

reducing the pump displacement volume (eq. (4)). Nevertheless,

this regulation strategy introduced a further volumetric loss; in

fact, an increase in Vmin led to an internal recirculation of fluid. The

recirculated flow at the seal arc could also be considered an energy

loss. Indeed, this was a portion of fluid that the machine had to

compress, but it was not delivered and was not useful. Because the

displaced volume variation was based on the two regulation stra-

tegies, the model allowed the eccentricity to be entered as an input

parameter.

The evaluation of the volumetric losses made it possible to

determine the volumetric efficiency of the pump. This was evalu-

ated as the ratio between the actual flow rate delivered by the

machine (Q) and the theoretical flow rate (Qth), which was found by

multiplying the volume displaced by the pump per turn, Vdisp, and

the revolution speed:

hvol ¼
Q

Q th
¼

Q

Vdispu
: (5)

2.2. SVRP theoretical model: power exchanged between fluid and

rotating vanes and shaft power exchanged

The volumetric losses also affect the indicated cycle, that is, how

the pressure inside the chamber, pi, varies as a function of the rotor

angle (p-q cycle) or instantaneous volume Vi (p-V cycle). The

indicated cycle is fundamental for defining the indicated power,

which represents the power exchanged between the moving ele-

ments of the machine and the fluid (eq. (6)):

Pind ¼

PNv

i¼1

H

pidVi

tcycle
: (6)

Fig. 2. 0D analysis of volumetric losses.
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Once the indicated power is known, the amount of power lost to

mechanical friction phenomena, Plosses, should be added to evaluate

the entire mechanical power on the pump shaft. Indeed, the me-

chanical power is given by the sum of Pind and Plosses (eq. (7)):

Pmech ¼ Pind þ Plosses : (7)

This amount of power is almost entirely the result of the dry

friction between the blade tip and the stator's inner surface [50].

Thus, as shown in Fig. 4, this power loss depends on the normal

force exchanged by the blade tip and the stator's inner surface (Fn).

Indeed, Plosses can be expressed as the product of friction factor Ctip,

normal force Fn, number of blades NV, distance rv between the vane

tip and stator's inner surface, and the pump revolution speed (eq.

(8)).

Ploss ¼CtipNVFNrVu¼CtipNV

�

Fc þ Fp
�

rVu: (8)

FN can be expressed as the sum of two contributions, which tend

to push the blades against the stator's inner surface:

a) The centrifugal force, Fc, applied to the blades, which can be

expressed as shown in eq. (9), and

b) The force evaluated as the product of the blade's bottom area

(obtained by multiplying the pump width Wpmp and blade

thickness tkb) and the pressure of the fluid enclosed in the space

below the blades, pb (eq. (10)).

FC ¼mbu
2rv (9)

Fp ¼pbWpmptkb (10)

Thus, by introducing eq. (9) and eq. (10) into eq. (8), a new

relation (eq. (11)) for the power loss can be developed to identify

the two friction contributions: Ploss,c related to the centrifugal force

and Ploss.p related to the internal pressure force.

Ploss ¼CtipNVmbu
3r2V þ CtipNVpbWpmptkbrVu ¼ Ploss:c þ Ploss;p

(11)

It is difficult to identify the friction factor a priori because the

blade is not in permanent contact with the stator, [55]. Therefore,

Ctip was identified during the experimental validation of the model.

Once themechanical power is known, themechanical efficiency,

hmech, can be identified using eq. (12), which calculates the ratio

between the indicated power, Pind, and mechanical power, Pmech.

hmech ¼
Pind
Pmech

(12)

Moreover, the ratio between the hydraulic power (expressed as

the product of volumetric flow rate Q and the difference between

the discharge and intake pressures, Dp (eq. (13)), and Pmech, can be

evaluated as the pump efficiency, hpump (eq. (14)). It can be

decomposed into the product of the indicated efficiency and me-

chanical efficiency (eq. (14)).

Phyd ¼ QDp (13)

hpump ¼
Phyd
Pmech

¼
Phyd
Pind

Pind
Pmech

¼ hindhmech (14)

2.3. Validation of numerical model

The numerical model was validated based on a wide range of

experimental activities conducted using a six-blade slide rotary

vane pumpwith the geometrical specifications listed in Table 1. The

machine had a nominal displaced volume equal to 46.8 cm3 per

turn, and it allowed the eccentricity to be varied for flow rate

regulation. The test case pump had axial intake and exhaust ports,

with an angular extension of 180� for each phase. This meant that at

the intake end phase, the pump immediately started the exhaust

phase, without any transformation expected in the closed chamber.

The experimental campaign was performed on a dynamic test

bench, as shown in Fig. 5 [33,59], reproducing the hydraulic circuit.

A magnetic flow meter (2) was installed downstream of the pump

(1), and a pneumatic proportional valve (3) was introduced to vary

the hydraulic resistance of the circuit. Two pressure sensors were

installed at the inlet and outlet pump ends to assess the pressure

rise of the pump, while the total pump mechanical power was

evaluated using a torque meter (4) between the pump and an

electric motor (6) with an inverter (7), which allowed the revolu-

tion speed to be varied. Circuit pressurisation was achieved by a

24 L tank (5). The input/output signals were handled by a data

Fig. 3. Leakages at seal arc due eccentricity variation.
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acquisition system (DAQ) connected to a laptop PC (8). The mea-

surement uncertainty for each sensor is shown in Table 2.

Fig. 6 shows a comparison of the experimental results (black

dots) and predictions (red lines). In Fig. 6(a), the Q-Dp characteristic

curves are reported for three pump revolution speeds: 1000 RPM,

2000 RPM, and 3000 RPM.

The range of the pressure difference (or pressure rise) varied

from 0.2 bar to 2.5 bar. The volumetric flow rate varied from 38 L/

min at 1000 RPM to 130 L/min at 3000 RPM. The typical trend for

the pressure rise versus volumetric flow rate variation for a vane

Fig. 4. 0D section of sliding vane pump model. Mechanical analysis and friction assessment.

Table 1

Pump geometry.

Sliding vane pump geometry

Stator diameter 57 mm

Rotor diameter 48.5 mm

Nominal eccentricity 4 mm

Pump height 38 mm

Blade length 13.5 mm

Blade thick 2 mm

Blade mass 2 g

Intake opening angle 0�

Intake closing angle 180�

Exhaust opening angle 180�

Exhaust closing angle 360�
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pump can be seen. Indeed, the trend is quite vertical, and the slope

reduction is due to the volumetric losses, which are taken into

account by the volumetric efficiency curves shown in Fig. 6(b). It is

interesting to observe how the volumetric efficiency increases with

the pump revolution speed. This behaviour is explained by the fact

that when the revolution speed increases, the centrifugal force

increases, improving the sealing action on the blades. This causes a

reduction in the average gap at the tip blade, ensuring a reduction

in the corresponding flow leakage and an improvement in the

volumetric efficiency.

The increase in revolution speed produces benefits in terms of

the volumetric performance, but it requires more mechanical po-

wer because of friction. Indeed, as can be seen from eq. (10), the

revolution speed plays a dominant role in the increase in me-

chanical power. All these observations are shown in Fig. 6(c), which

shows the mechanical power required by the pump. The Pmech

values have ranges of 50e200 W for 1000 RPM, 200e610 W for

2000 RPM, and 600e1200 W for 3000 RPM.

The pump global efficiency (Fig. 6(d)) accounts for the entire

pump performance. It can be observed that the global efficiency

varies in a range of 10e50% for 1000 RPM and 2000 RPM, while the

range becomes narrower (10e40%) when the pump rotates at 3000

RPM.

The model can be fully validated by observing Fig. 6 and the low

maximum deviations and root mean square error (RMSE) (Table 3)

between the theoretical predictions and experimental data for all

the observed quantities.

Table 4 reports some calibration parameters that made it

possible to achieve accurate predictions.

The robustness of the proposed procedurewas demonstrated by

simulating the behaviour of the pump when it operated with an

eccentricity of 75% of the nominal value, which caused severe

recirculation of the fluid inside the machine. The model captured

the real behaviour in terms of the volumetric flow rate (Fig. 7(a)),

volumetric efficiency (Fig. 7(b)), mechanical power (Fig. 7(c)), and

global efficiency (Fig. 7(d)). For all these quantities, the numerical

prediction reproduced the experimental trend with low RMSE

values (Table 5).

2.4. Fluid-dynamic characterisation of SVRP

Once the model was fully validated, it was used to predict the

main relevant phenomena of the pump, i.e. the volumetric, indi-

cated, and mechanical performances. Thus, to find the direction of

optimisation to improve the pump design, the indicated and me-

chanical efficiencies were determined at nominal and reduced ec-

centricities (Fig. 7) when the pump rotated in the speed range of

1000e3000 RPM. Fig. 8(a) and (b) show the indicated and me-

chanical efficiencies for the nominal eccentricity (e¼ 4mm) and an

eccentricity of 3 mm, respectively. In all the cases shown in Fig. 8(a)

and (b), the mechanical efficiency improves with an increase in Dp.

This is explained by an analysis of the behaviours of Pind and Pmech,

which are the numerator and denominator of the mechanical ef-

ficiency (eq. (12)). Both Pind and Pmech increase with Dp; Pind in-

creases because the pressure difference leads to an increase in the

indicated diagram area (eq. (6)), whereas Pmech increases because

Dp increases the friction power (eq. (11)). Thus, Dp produces a

higher increase in Pind with respect to Pmech, leading to improved

mechanical efficiency. The only exception is with an eccentricity of

100% at 3000 RPM (Fig. 8(a)), where Pmech shows a higher increase

in Pind, producing a slight decreasing trend for the mechanical ef-

ficiency with Dp. This is because Ploss is proportional to the third

power of u; thus, when it reaches a maximum value of 3000 RPM,

the previously observed trend is inverted. It is important to note

that the same thing does not occur when the SVRP rotates at 3000

RPM, but with a 75% eccentricity. Indeed, this provides a displaced

volume reduction leading to a lower Pmech increase with Dp

(300e900 W) with respect to the rated case at 3000 RPM

(600e110 W, Figs. 6 and 7).

Concerning the indicated efficiency, the values vary in a range

between 18% and 50%, when Dp increases from 0.3 bar to 2 bar.

Thus, the indicated efficiency is sensibly lower than the mechanical

efficiency (60e80%), demonstrating that fluid-dynamic losses have

a greater impact on the global efficiency than mechanical losses.

The indicated efficiency increases with Dp because the hydraulic

power, which is the numerator of the indicated efficiency (eq. (14)),

increases. Nevertheless, it can be seen in Fig. 8(a) that, corre-

sponding to 2 bar, the indicated efficiency assumes a flat trend

because when Dp increases too much, the growth of the indicated

power (denominator of indicated efficiency in eq. (14)) is higher

than that of the hydraulic power. Moreover, the indicated efficiency

increases when the revolution speed decreases, which is due to the

better filling and emptying of the chambers that occur when more

time is available.

When the eccentricity is reduced (Fig. 8(b)), the mechanical

efficiency decreases (between 50% and 65%) because the fluid

recirculation at the seal arc provides a volumetric loss, which

causes a reduction in the indicated power and, consequently, the

mechanical power. At the same time, the eccentricity variation does

not have a significant effect on the friction losses.

Thus, the impact of the friction losses on the mechanical effi-

ciency is higher than that in the case of the nominal eccentricity.

The fundamental role of the indicated efficiency in relation to the

global efficiency is demonstrated by the fact that the indicated

power increases as Dp increases, with a consequent improvement

in global efficiency.

Fig. 5. Experimental test bench.

Table 2

Measurement uncertainty of sensors.

Physical Quantity Instrument Uncertainty

Torque Burster torque meter 0,01 N

Speed Burster torque meter 0.01%

Volumetric flow rate Riels turbine flowmeter 0.5%

Pressure Piezo pressure sensor 6.25 mbar

Pressure rise <1.5%

Pump global efficiency <2%
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3. Optimisation strategies

3.1. Indicated efficiency improvement

The analysis of the efficiency chain (eq. (14)) highlights the role

of the indicated efficiency in the overall performance of the ma-

chine. Therefore, in order to explain why lower values were ob-

tained and how to pursue a design improvement, the indicated

cycles are represented, whose area is the work given by the ma-

chine to the fluid (indicated work).

Fig. 9(a) shows the indicated cycle in the case of nominal ec-

centricity at 3000 RPM for a pressure rise equal to 0.3 bar,

Fig. 6. Validation of numerical model in terms of (a) characteristic curve, (b) volumetric efficiency, (c) mechanical power, and (d) global efficiency in case of nominal eccentricity.

Table 3

RMSE in case of simulation of SVRP with nominal eccentricity.

RMSE - nominal eccentricity

RPM Volumetric flow rate

[kg/s]

Volumetric efficiency

[�]

Mechanical power

[W]

Global efficiency

[�]

3000 1.4% 1.4% 1.6% 3.0%

2000 1.2% 1.3% 3.2% 1.2%

1000 1.5% 1.4% 2.6% 3.3%

Table 4

Calibration parameters of numerical model.

Clearance gap Value

Tip blade-stator surface d(1) 50 mm

Blade side-rotor slot d(2) 50 mm

Casing-rotor Deq 5 mm

Friction factor Ctip 0.4

F. Fatigati, D. Di Battista and R. Cipollone Energy 231 (2021) 120936
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corresponding to one of the worst global performances. Fig. 9(a)

also reports the intake and exhaust pressures imposed by the cir-

cuit at the pump inlet and outlet, respectively. Under ideal condi-

tions, the pressure inside the vane should be equal to the intake

pressure during the intake phase. Similarly, it should be equal to the

exhaust pressure when the pump starts the discharge. This ideal

behaviour would produce a step variation in the p-q diagram at

q ¼ 180� from the intake to exhaust pressure (the ‘black’ line in

Fig. 9(a)). It can be observed that the real chamber pressure during

the intake phase (the ‘red line’ in Fig. 9(a)) is lower than the ideal

pressure value. This is caused by a fluid dynamic phenomenon:

because of the cross-section reduction between the inlet pipe and

the full intake port opening, the fluid has an important acceleration

when entering the chamber, which produces a pressure decrease in

the flow, according to the conservation equation of the energy.

In fact, the cross-section ratio, b, of the area of the pump intake

port, Aint,p, and that of the adduction intake pipe, Aad,in (eq. (15)), is

equal to 0.13, showing a significant mismatch between the two

areas. This surface contraction acts as a nozzle, which ensures that

the flow speed increases from 1.5 m/s to 4.7 m/s when entering the

chamber.

Fig. 7. Validation of numerical model in terms of characteristic curve (a), volumetric efficiency (b), mechanical power (c), and global efficiency (d) in case of 75% of nominal

eccentricity.

Table 5

RMSE values in case of simulation of SVRP with 75% of nominal eccentricity.

RMSE with 75% of nominal eccentricity

RPM Volumetric flow rate

[kg/s]

Volumetric efficiency

[�]

Mechanical power

[W]

Global efficiency

[�]

3000 1.4% 1.4% 1.6% 3.0%

2000 1.4% 1.4% 4.8% 5.6%

1000 1.5% 1.4% 2.6% 3.3%
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b¼
Aint;port

Aad;port
(15)

The real pressure varies from the ideal value corresponding to

the exhaust. The pressure inside the chamber at the exhaust port

opening shows pressure spikes of up to 3.5 bar, and up to 7 bar

during the exhaust phase. These pressure spikes can occur because

the flow rate of the fluid leaving the machine is lower than the

volumetric flow rate produced by the revolution speed and the

machine's geometry. This is mainly due to an exhaust port that is

too small, which limits fluid delivery. The differences between the

real pressures and the ideal values ensures that real indicated work

(the cyan area in Fig. 9(b)) is significantly greater than the ideal one

(yellow area in Fig. 9(b)). Consequently, the real indicated power

(eq. (6)) is equal to 478W, while the ideal one is only 70W, with an

indicated efficiency slightly lower than 15%.

To improve the indicated efficiency, a novel pump solution was

developed. The new machine had the same geometry as the OEM

case but used a novel port configuration to increase b as much as

possible. In particular, the original radial intake port was replaced

with a larger port placed on the external cylinder (‘axial type’)

while an additional radial one was added for the exhaust port,

which was the original axial type. These modifications mitigated

the mismatch between the intake and exhaust ports. In fact, with

these port modifications, b was equal to 0.5 and 0.52 for the intake

and exhaust sides, respectively. Fig. 9(c) (p-q) and Fig. 9(d) (p-V)

show the indicated cycle obtained under the same operating con-

ditions (3000 RPM and a pressure difference between the intake

and exhaust of 0.3 bar). It can be observed that the real indicated

cycle (red line) is closer to the ideal one (black line) (Fig. 9(c)) thus

the difference between the real and ideal indicated works de-

creases (Fig. 9(d)) with respect to the OEM case. This was an effect

of adopting a larger intake port, which led to a higher pressure

inside the chamber during the intake phase. A larger port for the

exhaust phase limited the pressure spikes, which were still present

at the start of the exhaust phase but were limited to 3 bar. The

remaining pressure spikes were due to the blade passages; in re-

ality, their effect on the indicated power was negligible. The real

indicated power of IP-pump was 106 W, which was a reduction of

78% with respect to the OEM case (478 W). The indicated efficiency

of the IP solution was equal to 66%, while that of the OEM solution

was slightly lower than 15%.

3.2. Mechanical efficiency improvement

The new port configuration improved the indicated diagram

and, more generally, the fluid-dynamic performance. Nevertheless,

there was still room for improvement in the mechanical efficiency.

For this reason, a different machine shape was considered to

maintain a constant volume capability for the pump considering its

influence on friction losses.

Therefore, starting with the OEM configuration (Fig. 10(a)) that

was improved by the modification of the ports (IP, Fig. 10(b)), two

different cases were considered.

a) A disk-shaped (DS) configuration (Fig. 10(c)) for a ‘radial devel-

oped’ machine with significant ‘axial contraction’

b) A finger-shaped (FS) configuration (Fig. 10(d)) for an ‘axial

developed’ machine with significant ‘radial contraction’

Fig. 10 shows the global efficiencies of the possible configura-

tions in terms of the pump axial length and stator diameter. The

pump performances were evaluated using the SVRP model

following the design of experiments (DOE) optimisation theory

[50]. This procedure considered all the pump configurations when

the stator varied between 54 mm and 62 mm, and the pump axial

length ranged from 22 to 62 mm. In contrast, the rotor was kept

constant at 48.5 mm.

As shown in Fig. 11, the DS configuration achieved higher effi-

ciency values (>50%) than the FS machines, following what was

observed for sliding rotary vane expanders [61]. The solid lines

represent the iso-efficiency curves calculated according to the

validated model. Nevertheless, not all the considered configura-

tions could satisfy the flow rate required at the design point. In fact,

only the points on the red line are configurations with the right

displacement to satisfy the design requirements: Q ¼ 160 L/min

and Dp ¼ 1.8 bar. Although the DS machine was more efficient, the

pump efficiency increase represented the best trade-off between

the number of variables and phenomena involved.

For the specific case, the following configurations were used for

the IP-DS and IP-FS:

c) IP-DS: the stator diameter was increased from 57 mm to

62 mm (þ8.7% with respect to the OEM case), while the axial

Fig. 8. Mechanical and indicated efficiencies for (a) nominal and (b) 75% eccentricities.
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length was decreased to 22 mm (�42% with respect to the

OEM value).

d) IP-FS: the axial length dimension was dominant. Indeed, the

stator diameter decreased from 57 mm to 54 mm (�5% with

respect to the OEM case), while the axial length increased

from 38 mm to 62 mm (þ63% with respect to the OEM case).

Because Vdisp is more sensitive to a variation in the radial

dimension than the axial length, a radial increase in the stator

diameter made it possible to sensibly reduce the axial length of the

pump for a given displacement. This produced a reduction in the

mechanical power loss (Ploss, which is proportional to the pump

axial length according to eq. (11)), leading to a higher mechanical

efficiency when the pump had a DS configuration.

The performances of the two alternative solutions (IP-DS, IP-FS)

were numerically assessed and compared with IP and OEM pumps,

and the results are shown in Fig. 12.

Fig.12(a) shows a comparison between the original SVRP (OEM),

IP-DS, and IP-FS pumps in terms of the global efficiency. It can be

seen that the IP-DS solution achieved higher efficiency in the entire

Dp range when the machine rotated at 3000 RPM. The adoption of

the port improvement caused a significant increase in the overall

global efficiency. At a higher Dp, only the DS machine obtained a

further global efficiency increase higher than that of the OEM

machine with IP, as a result of the increased mechanical efficiency,

as shown in Fig. 12(b).

At 2000 RPM (Fig. 12(c)e(d)), the results are similar to those at

3000 RPM. However, the difference between the different solutions

is lower than that in the previous case. In addition, for this oper-

ating condition, the IP-DS solution had higher efficiency values. At

1000 RPM (Fig. 12(e)e(f)), the IP-DS solution still represented the

better case and, in particular, made it possible to decrease the ef-

ficiency gap if the pump adopted only the IP ports. Therefore, the

IP-FS machine was the worst solution. It can be further observed

that, despite the benefits introduced for the global efficiency by the

adoption of the IP and DS options, themechanical efficiencies of the

Fig. 9. Comparison at 3000 RPM between OEM indicated p-q cycle in ideal and real cases (a); OEM indicated p-V cycle in ideal and real cases (b); IP SVRP indicated p-q cycle in ideal

and real cases (c); and IP SVRP indicated p-V cycle in ideal and real cases (d).
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new solutions are lower than those of the OEM case, especially

when the machine rotated at 3000 RPM. Nevertheless, this was

only the effect of the indicated power reduction with the adoption

of IP and different machine shapes.

When the revolution speed was increased, the volumetric effi-

ciency tended to be higher (Figs. 6 and 7). In addition, the indicated

power increased with the revolution speed because more cycles

could be realised in the same time interval (eq. (6)). On the other

hand, the increase in the centrifugal force increased themechanical

friction losses (eq. (11)); therefore, the mechanical efficiency re-

flected the behaviours of these three contributions, which were not

predicted in a straightforward way.

Considering the OEM machine, the mechanical efficiency

generally improvedwithu (Fig. 8), showing that the increase in Pind
was higher than Ploss. The IP-DS pump showed an increase in hmech

whenu decreased, especially for a lower Dp. This was because, for a

low Dp, Pind was low (eq. (6)); thus, the effect on Ploss was higher.

When the IP pump was considered, the best hmech was achieved at

an intermediate speed (2000 RPM) because the machine had the

same geometry as the OEM (comparable Ploss) but had a better

fluid-dynamic behaviour (lower Pind, Fig. 8). Therefore, the best

hmech values were reached for a lower u as Ploss decreased. The IP-

FS machine was characterised by a higher Ploss as a result of the

longer axial dimension used to ensure the same displacement. The

Fig. 10. OEM (a), IP (b), IP-DS (c), and IP-FS (d) pump configurations.

Fig. 11. Impact of pump aspect ratio on global efficiency.
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Fig. 12. Global efficiencies for OEM, IP, IP-FS, and IP-DS at 3000 RPM (a), 2000 RPM (b), and 1000 RPM (c); and mechanical efficiencies for OEM, IP, IP-FS, and IP-DS at 3000 RPM (d),

2000 RPM (e), and 1000 RPM (f).
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global efficiency trend was related to the ratios of Phyd and Pmech.

Thus, the most critical situation was that represented by a low Dp,

where Phyd was almost zero, while, in any case, a certain Pmech was

absorbed by the pump to overcome friction losses. However, with

an increase in the revolution speed, the global efficiency increased

with the volumetric efficiency.

Thus, the shape of the machine also had an effect on the volu-

metric efficiency, which is reported in Fig. 13 for 3000 RPM as a

function of Dp. IP designs (port optimisation) and disk-shaped

machines always guarantee an improvement in volumetric effi-

ciency, meaning that the machine is better filled by the fluid and

leakages are less influential. When the FS geometry was used for

the machine, the volumetric efficiency could be lower than that of

the OEM case, thus losing the benefits of the larger ports.

4. Results and discussion

To evaluate the benefits of an optimised SVRP with respect to a

more conventional centrifugal type, a comparison was made to

reproduce the situations that occur when an engine is cooled by a

conventional pump or an SVRP on a specific vehicle. The compar-

ison refers to the mechanical energy absorbed by the pump when a

WLTP was run, which is the reference cycle for the homologation of

light duty vehicles. The IP-DS and IP-FS SVRP designs were

compared with a reference centrifugal pump for a 3000 cm3

turbocharged diesel engine, whose hydraulic impedance was

evaluated following the approach adopted in Ref. [28], taking into

account the opening and closing of the thermostat branch. The

engine was an existing one (IVECO F1C), which has been widely

tested by the authors in previous works. The comparison was

performed using the model settings for the pump revolution speed

and pressure increase according to the WLTP mission profile.

Indeed, the model made it possible to perform a time-transient

analysis to assess the performance of the pump for each time

frame of the homologation cycle.

A further novelty introduced by the software platform was the

possibility of considering two regulation strategies to ensure that

the operation of the SVRP was the same as that of the centrifugal

pump.

1. The first strategy was called ‘variable speed’ (VS) and involved

continuously changing the u value of the SVRP machine to

match the flow rate produced by the centrifugal pump. In this

case, the pump was electrically actuated, and the revolution

speed, uWLTP, that the machine needed to rotate to ensure the

WLTP mission flow rate, QWLTP, could be evaluated through eq.

(16):

uWLTP ¼
QWLTP

Vdisphvol
(16)

2. The second strategy was called ‘variable displacement’ (VD) and

regulated the SVRP flow rate acting on the eccentricity of the

rotor, with the pump speed mechanically linked with that of the

engine (as occurs for a centrifugal pump). This situation corre-

sponded to the case in which the SVRP is mechanically actuated

via a pulley linked to the ICE. The required variable volume

capability, Vdisp, was evaluated according to eq. (17), and could

be reproduced by setting a proper eccentricity reduction profile

evaluated according to eq. (4):

VSVRP ¼
QWLTP

uSVRPhvol
(17)

Therefore, the reference centrifugal machine was compared

with variable speed (VS IP-DS and VS IP-FS) and variable

displacement SVRPs (VD IP-DS and VS IP-FS), and the results are

shown in Fig. 14.

Fig. 14(a) shows the revolution speeds of the centrifugal pump

and SVRPs. The results show that the VS SVRPs (VS IP-DS and VS IP-

FS) required lower revolution speeds to achieve the instantaneous

flow rate vs. time (Fig. 14(b)) compared to the centrifugal pump and

VD SVRPs. A slightly higher gear ratio between the crankshaft and

pump should be considered in the SVRP to achieve the same flow

rate as the centrifugal pump (1.05 times higher) for the VD-SVRP.

On the other hand, the VD IP-DS and VD IP-FS were regulated by

varying the eccentricity, with the revolution speed equal to the

centrifugal speed. Fig. 14(b) clearly shows how all the pumps

considered produced the same instantaneous flow rate.

Moreover, as shown in Fig. 14(c), the VS IP-DS required the

lowest mechanical power compared to the centrifugal pump and all

the other configurations. The benefits decreased if the SVRP IP-DS

was mechanically actuated (VD), where the mechanical power

was comparable to that of the centrifugal pump. On the other hand,

both FS machines, regardless of the actuation (VS IP-FS and VD IP-

FS), required more mechanical power than the centrifugal pump.

Thus, they represented a useless solution. A clear result was shown

in terms of the global efficiencies of the pumps (Fig. 14(d)). In fact,

the VS IP-DS SVRP always had a much higher efficiency, which

justified the lower energy absorbed. Among the SVRPs, the VD IP-

DS showed slightly higher efficiency than the centrifugal pump,

while therewere no efficiency benefits if FS machines (VS IP-FS and

VD IP-FS) were adopted.

The accumulated energy could be assessed by integrating the

instantaneous mechanical power requested by the pump over time

(Fig. 14(c)). The results are reported in Table 5, and it can be noticed

that the SVRP VS IP-DS (416.6 kJ) and SVRP VD IP-DS (564.9 kJ) had

lower values than the reference centrifugal pump (587.2 kJ).

Hence, considering an average ICE thermal efficiency of 0.22

[60] during the WLTP cycle, the associated fuel chemical energy

needed to drive the circulating pump could be calculated. A

transmission efficiency equal to 0.95 for the centrifugal pump and

VD SVRP was considered, while an electrical efficiency equal to 0.8

for the SVRP VS was assumed. The results in terms of the chemical

fuel energy are reported in Table 6, which shows that the SVRP VS

IP-DS had the minimum value (2367.3 kJ) followed by the SVRP VDFig. 13. Volumetric efficiencies for OEM, IP, IP-DS, and IP-FS SVRPs at 3000 RPM.
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IP-DS machine (2703.0 kJ), both of which had values lower than

that of the reference centrifugal machine (2809.8 kJ). Subsequently,

by dividing the associated primary energy by a typical lower

heating value for diesel fuel (42.9 MJ/kg), the quantity of fuel

consumed over a WLTP could be calculated. The results showed

that the use of the SVRP VS IP-DS and VD IP-DS SVRP made it

possible to achieve fuel consumption savings equal to 0.4 g/km and

0.1 g/km, respectively. From these data, the CO2 emissions were

determined. With respect to the centrifugal pump, it was found

that adopting the best solution for the SVRP (VS IP-DS) would

reduce the CO2 emissions by 1.4 gCO2/km, while in the worst case

(VD IP-DS), the reduction was 0.4 gCO2/km.

5. Conclusions

The development of innovative technologies for circulating the

cooling fluid in an ICE will play a significant role in the transition

toward more energy-efficient systems. Volumetric pumps and, in

particular, SVRPs, significantly reduce the energy absorbed in the

lowemedium engine load region. This is because the overall pump

efficiency is less dependent on the revolution speed comparedwith

centrifugal pumps, which represent the standard for cooling fluid

circulation. Hence, in this study, an SVRP was designed, built,

tested, and optimised to further improve its efficiency and fulfil

geometrical constraints. Indeed, it was demonstrated that SVRPs

ensure an interesting energy benefit over a WLTP, reducing the fuel

consumption and CO2 emissions with respect to the traditional

centrifugal pump.

The design of the pump was supported by a comprehensive

physically based model validated using a wide experimental

campaign, which made it possible to determine the most relevant

variables affecting pump efficiency. The results of this optimisation

are as follows.

1. The indicated efficiency improved by 50% with an appropriate

design for the radial intake/discharge ports with respect to the

conventional OEM SVRP design.

2. The overall global efficiency improved by up to 50% when

adopting the best geometrical aspect ratio, which was closer to a

DS machine than an FS machine, with the reduction of the

friction power the most relevant benefit.

The SVRP was operated on a specific test bench to reproduce the

operating points (pressure delivered and flow rate) of a centrifugal

pump which, in an existing cooling circuit, ensured the cooling

requirements of a 3 L turbocharged diesel engine (IVECO F1C). The

sequence of the operating points corresponded to those that

characterise a WLTP homologation cycle with the centrifugal pump

of the engine mechanically linked to the crankshaft. The flow rate

and pressure delivered vs. time produced by the centrifugal pump

were calculated and, consequently, the instantaneous pump effi-

ciency and mechanical power were determined. The SVRP was

actuated to reproduce the same flow rates and pressure delivered,

modifying the flow rate by electric actuation or by a continuous

modification of the eccentricity. This last flow control was per-

formed in order to consider the possibility of mechanically linking

the SVRP pump to the crankshaft and controlling themass flow rate

by varying the eccentricity.

Averaging the efficiencies in the sequence of operating points,

the optimised SVRP that was electrically actuated had a signifi-

cantly higher efficiency (43.5%) than that realised by the centrifugal

pump (31.5%). The higher efficiency achieved produced the

following benefits:

1. A 30% reduction in the mechanical energy absorbed with

respect to that of the centrifugal pump;

Fig. 14. Speed (a), flow rate (b), mechanical power (c), and efficiency (d) profiles

during WLTP with centrifugal pump and SVRPs.

Table 6

Final results for pumps over WLTP cycle.

Centrifugal VS-IP-DS SVRP VS-IP-FS SVRP VD-IP-DS SVRP VD-IP-FS SVRP

Pump mechanical energy [kJ] 587.2 416.6 628.8 564.9 666.0

Fuel primary energy [kJ] 2809.8 2367.3 3572.9 2703.0 3186.4

Fuel consumption [g/km] 2.8 2.4 3.6 2.7 3.2

Associated CO2 emission [g/km] 8.8 7.4 11.2 8.4 10.0
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2. Fuel consumption and CO2 emission reductions equal to 0.4 g/

km and 1.5 gCO2/km, respectively, including the electrical losses

of the motor used to actuate the volumetric pump.

The CO2 reduction would justify the cost increase for the SVRP,

considering the fines imposed in Europe for exceeding the targets.
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Nomenclature

Symbols

A area of sub-elements [m2]

As heat transfer surface area [m2]

Aleak clearance gap area [m2]

AR aspect ratio

C friction coefficient

Cf fanning friction factor

c centrifugal

ch chamber

D diameter of sub-elements [m]

Deq,leak diameter of equivalent orifice [mm]

dp pressure differential acting across dx [bar]

DS disk shaped

dx discretisation length [m]

dV chamber volume increase [cm3]

e eccentricity [m]

F force [N]

FN normal force [N]

FS finger shaped

H total specific enthalpy of working fluid [kJ/kg]

h heat transfer coefficient [W/m2K]

IP improved ports

Kp pressure loss coefficient

L leakage flow path length [m]

m mass of working fluid [kg]
_m mass flow rate of working fluid [kg/s]

OEM original equipment manufacturer

P power [W]

pb pressure under the blades [barg]

p pressure of working fluid [bar]

Q volumetric flow rate [L/min]

Nv number of vanes/blades

rv blade tip/rotor centre distance [mm]

tkb blade thickness [mm]

tcycle time cycle [s]

T temperature [K], [�C]

Tfluid temperature [K], [�C]

Twall temperature [K], [�C]

u speed of working fluid [m/s]

uwall tip blade speed (relative speed between blades and

stator)

Vdisp displaced volume [cm3]

VD variable displacement regulation strategy

VS variable speed regulation strategy

Vmax maximum chamber volume [m3]

Vmin minimum chamber volume [m3]

Wpmp pump/chamber axial height [m]

Subscripts

ad intake/exhaust adduction pipe

aero aerodynamic

b blade

end-wall leakages at end-wall plate

eq equivalent orifice

exh exhaust

fluid working fluid

glob global

hyd hydraulic

i index of chamber/pressure profile

in intake

ind indicated

leak leakages

loss mechanical losses

mech mechanical

p pressure under the blade

port intake/exhaust port

pmp pump

rot rotor

roll rolling friction on the road

stat stator

th theoretical

tip tip blade

vol volumetric

wall control fluid wall

WF working fluid

Greek Letter

b cross section ratio

Dp pressure raise [Pa], [bar]

d clearance gap [m]

ε total specific internal energy [kJ/kg]

h efficiency

q rotational angle [deg]

m dynamic viscosity [Paּּ s]

rin working fluid density at pump intake [kg/m3]

u pump revolution speed [rps], [rpm], [rad/s]
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